
1 CLASSIFICATION, DESIGNATION, PROPERTIES, GENERAL 
STRUCTURE AND REQUIREMENTS FOR THE DESIGN OF 
VEHICLES

1.1 Classification and designation of cars

Vehicle rolling stock (vehicles) are divided by purpose into cargo, 
passenger and special. Freight rolling stock includes trucks, tractors, 
trailers and semitrailers.

Freight rolling stock, depending on the nature of its use, is divided into 
general purpose rolling stock and specialized rolling stock. Cars, trailers 
and semi-trailers of general purpose have a non-overturning body and are 
used for transportation of all types of cargo, except for liquids, without 
containers. Specialized vehicles include cars, trailers and semi-trailers 
designed for the transportation of certain types of cargo or equipped with 
special loading and unloading devices: dump trucks, self-loaders, vans and 
refrigerators, tanks, pipe carriers, metal carriers, container carriers , 
weight trucks, timber trucks, for transportation of construction structures, 
agricultural products and others Specialization of rolling stock is achieved 
mainly by installing specialized bodies and additional equipment on the 
chassis of basic cars, trailers and semi-trailers. At the same time, the type 
of body and its design depend mainly on the type of transported cargo, its 
properties and weight and dimensions parameters. Improvement of the 
design can be achieved by maximum use of the load carrying capacity of 
the chassis, avoidance of external influence on the quality of goods in the 
process of transportation, and improvement of the convenience and 
efficiency of loading and unloading operations.

Vehicles intended for permanent work with trailers or semi-trailers 
are called tractor vehicles. They are divided into truck tractors for work 
with semi-trailers and tractor cars for work with trailers. A truck tractor 
coupled with a trailer (semi-trailer) is called an articulated truck.

Passenger rolling stock includes buses, cars, passenger trailers and 
semi-trailers.

Special rolling stock (special vehicles) includes cars, trailers and 
semi-trailers and is intended for the performance of technological 
operations rather than transport work. Therefore, depending on the 
purpose, special equipment is installed on it - fire trucks, mobile cranes, 
mobile repair shops, etc.
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Trucks (normal ОН 025270) are divided into classes (table 1.1) 
according to gross weight and operational purpose (on-board, tractor, 
dump truck, etc.).

Table 1.1 – Indices of trucks
Operational purpose of the car

Full weight, i.e Itself-
resetsOn board Tractors Tanks Vans Special

Up to 1.2 13 14 15 16 17 19
1.2 to 2.0 23 24 25 26 27 29
2.0 to 8.0 33 34 35 36 37 39

8.0 to 14.0 43 44 45 46 47 49
14.0 to 20.0 53 54 55 56 57 59
20.0 to 40.0 63 64 65 66 67 69

more than 40 73 74 75 76 77 79

Classes 18, 28, ..., 78 are reserve and are not included in the indexation.
The marking scheme for trucks, trailers and semi-trailers is shown in 

fig. 1.1.
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Figure 1.1 – Scheme of classifications and designations
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For example, the designation ZIL-431413 is deciphered as follows: 4 - 
gross weight 8...14 t; 3 – general purpose trucks, 14 – model number, 1 – 
modification sign, 3 – tropical.

Passenger cars are classified according to the working volume of the engine 
in liters into 4 classes (from 11 to 41): 11 – especially small (up to 1.2), 21 – small 
(from 1.2 to 1.8), 31 – medium (from 1.8 to 3.5), 41 – large (more than 3.5 l). 

Buses are classified by overall length in meters into five classes (from 22 to 
62): 22 – especially small (up to 5 m), 32 – small (from 6.0 to 7.5 m), 42 – medium 
(from 8 up to 9.5 m), 52 – large (from 10.5 to 12 m) and 62 – especially large (16.5 
m and more).

Indexes of trailers and semi-trailers are given in the table. 1.2.

Table 1.2 – Indices of trailers and semi-trailers
Types of trailers Trailers Semi-trailers

Lightweight 81 91
Bus 82 92

Cargo (board) 83 93
Dump trucks 85 95
Tanks 86 96
Vans 87 97

When considering the technical documentation of domestic and 
foreign motor vehicles, it is more convenient to use the classification 
adopted in the UNECE Rules (Table 1.3).

Table 1.3 – European classification of vehicles
Category

ATZ
Type of motor vehicle Full

mass, i.e
Notes

M1 ATC with an engine, intended for the 
transportation of passengers, have no more 
than 8 seats (except for the driver's seat)

Do not rule-
mented

Passenger cars

M2 The same having more than 8 seats 
(except the driver's seat)

Up to 5.0 Buses

M3 The same Above 5.0 Buses, including 
articulated buses

N1 ATZ with an engine, intended for the 
transportation of goods

Up to 3.5 trucks,
special cars

N2 The same Over 3.5
to 12.0

Trucks-
tractors, special vehicles
cars

N3 The same Over 12.0 The same

O1 ATZ without engine Up to 0.75 Trailers and semi-trailers
pegs

O2 The same More than 0.75

up to 3.5

The same

O3 The same Over 3.5
to 10.0

The same

O4 The same Over 10.0 The same
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1.2 Properties of cars

A car has a number of properties that characterize it not only as a 
vehicle intended for the transportation of goods, passengers and 
special equipment for performing non-transport works, but also as an 
object of safe movement for individual use (passenger car).

Usually, the following properties of cars are considered: operational, 
consumer and safety properties.

Operational properties characterize the car's performance of 
transport and special works. They determine the adaptability of the car 
to operating conditions, as well as the efficiency and convenience of 
using the car.

Operational properties of the car are divided into two main groups: 
operational properties related to the movement of the car and not related to 
its movement.

Traction, speed and braking properties, fuel economy, controllability, 
turning, maneuverability, stability, passability, smoothness of movement, 
environmental friendliness and traffic safety ensure the movement of the car 
and determine its regularities.

Capacity, strength, durability, adaptability to technical maintenance 
and repair, to loading and unloading operations, to boarding and 
disembarking passengers largely determine the efficiency and 
convenience of using a car.

The operational properties that ensure the car's movement depend 
significantly on the design and technical condition of the car's systems and 
mechanisms. The more perfect the design of the car and the better its technical 
condition, the higher the operational properties of the car. The systems and 
mechanisms of the car are designed in such a way as to acquire operational 
properties necessary for the given operating conditions and to ensure the 
effective use of the car in these conditions.

In fig. 1.2 shows the relationship between the operational properties that ensure the 
movement of the car and the systems and mechanisms of the car, the design and technical 
condition of which have the greatest influence on these properties.

Consumer properties are especially important for a passenger car, they 
characterize the car's ability to satisfy the demands of its owners. So, the 
consumer properties of a passenger car are: the convenience of boarding 
and disembarking the driver and passengers, the presence of effective 
systems of heating, ventilation, air conditioning, electric windows, audio 
system, built-in telephone, TV, as well as the quality of the materials for the 
interior of the body, the attractiveness of the exterior appearance of the car, 
its prestige and conformity to fashion.

Safety properties characterize the active, passive and environmental 
safety of the car.
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Figure 1.2 – Relationship of operational properties with systems
and car mechanisms

Active safety is the ability of a car to prevent traffic accidents (traffic 
accidents). The active safety of the car is provided by its high traction-
speed and braking properties, good stability, controllability, 
maneuverability, insufficient turning power, high smoothness of 
movement, good visibility and comfort, which sharply reduce driver 
fatigue and create conditions for long-term accident-free work.

Passive safety (internal and external) is the ability of a car to reduce the 
severity of the consequences of an accident, i.e. injuries to the driver, 
passengers and pedestrians, to ensure the safety of cargo and to prevent the 
possibility of a fire. The passive safety of the car is ensured by the high 
strength of the passenger compartment, which practically makes it 
impossible to deform it in the event of accidents, seat belts, inflatable 
airbags, trauma-safe steering, head restraints, special glass, reliable internal 
body equipment that reduces injuries to the driver and passengers , as well 
as the external shape of the body, which reduces injuries to pedestrians. The 
fire safety of the car is ensured by the design of the engine power system and 
the location of the fuel tank on the car.

Environmental safety is the ability of a car to reduce the damage caused 
during operation to passengers, the driver, people and the environment. The 
environmental safety of the car is ensured by the design of separate systems, 
mechanisms and their elements that reduce the noise created by the car and the 
toxicity of exhaust gases. In addition, environmental safety is achieved through 
the use of environmentally friendly materials and adaptive
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capacity of the car for disposal, i.e. reprocessing after failure of the car, 
its systems and mechanisms.

Safety parameters are regulated by state standards and UNECE 
Rules valid in Ukraine.

1.3 General structure and requirements for the design of cars

Key terms:
Mechanism (device, gear, mechanism) is a device designed to transform 

movement and speed.
Aggregate (unit) – connection of several devices into one whole. A system is a 
set of separate parts connected by a common function (for example, a power 

supply system, cooling system, lubrication system, etc.).
A car is a self-propelled machine that is set in motion with the help of 

an engine installed on it. Mechanisms, units and systems of a car contain 
thousands of parts. However, in most of the rolling stock, in which the car 
is the defining link, the principles of organization and operation of the 
main mechanisms are the same.

It consists of three main parts: engine, body and chassis. The engine 
converts thermal energy released during fuel combustion into 

mechanical energy. As a result of such a transformation, the drive 
wheels of the car are rotated through the transmission mechanisms. 
Most cars use piston engines - gasoline or diesel.

The body (body) serves to place the transported cargo. Passengers and 
a driver are placed in the body of a bus and a passenger car. The truck 
body consists of a platform (body floor, loading platform) for cargo and a 
driver's cabin.

Chassis (chassis, running gear)is a set of all mechanisms, intended for the 
transmission of torque from the engine to the driving wheels, vehicle 
movement and control. The chassis consists of a transmission, a supporting 
system, axles, suspension, wheels and control mechanisms.

Transmission (transmission; power drive) transmits the torque from the engine 
crankshaft to the driving wheels of the car and changes the magnitude and 
direction of this torque.

In fig. 1.3 shows a simplified diagram of the car (top view). From the 
engine1power is supplied to the driving co- forest8.The transmission 
consists of a clutch2,gearboxes3,gimbal transfers4,main gear5, the 
differential placed in it, and the axles
6.

clutchintended for temporary disconnection of the box gears from 
the engine at the time of moving off and switching gears (with 
subsequent smooth connection to the engine).Gearbox (gearbox) 
serves to increase the torque obtained from the engine by engaging 
gears with different gear ratios. This ensures a change in the speed of 
the car. In addition, the gearbox is also used for reversing.
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From the gearbox torque with the helpcardan transmission (cardan drive; 
driveline)transferred tomain gear 5, located in the rear axle, which can move 
relative toframes9 during the deformation of the elastic element (spring) 
between the bridge and the frame. Cardan transmission transmits the torque 
from the gearbox to the rear axle at a variable angle and distance between 
them.

7 81 2 3 4 5 6

14 13 12 11 10 9

Figure 1.3 – Simplified scheme of the classic layout of the car

INmain gear (final drive)occurs further after the box gears for 
increasing the torque and transmitting motion at a right angle from the 
cardan shaft tohalf axis6wheel

It is located together with the main transmissiondifferential (differential 
mechanism), which allows you to obtain different speeds of the wheels (on turns 
and when overcoming irregularities of different heights).Half axisare in the 
crankcase7leading (most often rear) bridge, and their outer ends are connected 
to driving wheels8.

frame9,which performs the functions of the supporting system in the considered 
scheme we, the wheels, are mounted on the driven and driven7bridges and suspensions10, 
which connect the bridges with the frame, form the car's undercarriage. The suspension and 
tires make it possible to soften shocks and impacts perceived by the wheels from road 
irregularities.

Controls include brake and steering systems.Halmova system 
(braking system)consists of brakes14,mounted on wheels, and reason 
for them. It serves to reduce speed, stop and hold the car in place.

Steering gearcontains a steering wheel11, steering gear12and 
levers13. In this system, turning the steering wheel changes the 
position of the front wheels and thereby ensures the turning of the car.

The composition (assembling, arrangement) of the car can be very 
diverse, because it depends on:

- mutual location of the engine, cabin and body;
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– type of supporting system (frame);
– the number of bridges and their location along the length of the car;
- type of transmission.
There are 4 car layout schemes according to the location of the engine: in front 

of the cab, under the cab or inside the cab, between the cab and the body, in the 
rear part of the chassis.

The first 2 engine installation schemes are typical for public 
transport and multi-purpose vehicles.

The arrangement of the engine under the cab (inside the cab) is 
more rational compared to installing it in front of the cab, because it 
provides large dimensions of the body platform or a shorter overall 
length of the car; better visibility for the driver, which contributes to 
increasing traffic safety.

Layout of tractor vehicles according to the "cabin over the engine" 
scheme is also appropriate in cases of arranging them with sleeping places 
located behind the seat.

The location of the engine behind the cabin is used for powerful tractors and 
long-wheelbase chassis of multi-axle vehicles.

It is advisable to keep the position of the cab in front of the engine in 
cases where there is a load-carrying body between the cab and the 
support-coupling device. Such tractors of the "camel" type are 
manufactured in the USA on long-wheelbase standard or special chassis of 
three- or four-axle cars. Recently, such tractor-trailers have been made 
four-axle, which makes it possible to increase the load capacity and reduce 
the turning radius (both front axles are a double steered cart) with normal 
tire sizes.

The advantages of "camel" type tractors are an increase in their towing 
weight, high stability and more complete use of the length of the road train.

The location of the engine in the rear part is typical for buses, because it is 
possible to increase the dimensions of the interior, as well as increase their 
environmental friendliness, because fuel vapors and thermal radiation of the engine 
do not affect passengers.

To increase the passenger body in some models of passenger cars 
(for example, VAZ-2114), the engine is placed in front across the 
longitudinal axis of the car, and the drive is carried out on the front 
wheels.

The supporting system of the car can be made in the form of a 
frame, body or combined structure. The frame construction can be spar 
or tubular in the form of a large-diameter central frame pipe. Its 
application is typical for trucks. Body or combined designs are typical 
for passenger cars and buses.
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A number of requirements are put forward to the design of the car. They 
include production, operational, consumer and safety requirements. Let's define 
these requirements.

Production requirements – compliance of the car design with the 
technological capabilities of the manufacturing plant, as well as minimal 
consumption of materials, labor intensity and cost of production.

Operational requirements - high traction, speed and braking properties, 
fuel efficiency, good controllability, maneuverability, stability, smoothness of 
movement, passability, insufficient turning ability, reliability, technological 
maintenance and repair, minimum cost of transport works. Operating 
requirements largely depend on operating conditions, i.e., on which roads, in 
which climatic zones the car will operate, as well as which cargoes and which 
passengers are expected to be transported.

Consumer requirements are the low cost of the car and its 
operation, reliability and maintainability, ease of control, safety and 
comfort.

Safety requirements are put forward for active, passive (internal, external) 
and environmental safety of the car.

When designing a car, general and special requirements are additionally 
put forward to its systems, units and mechanisms.

The general requirements for all systems, aggregates and mechanisms are as 
follows: minimum dimensions and weight, simplicity of construction and 
maintenance, technology, maintainability and low noise level.

Special requirements are additionally put forward for each system, each 
unit and mechanism, taking into account their purpose, design features and 
work processes.

Questions for self-control

1. How are cars classified and marked?
2. What properties characterize the car?
3. What nodes, mechanisms, aggregates and systems are included in the design of av-

a car?
4. What are the requirements for the design of the car?
5. What are the requirements for the design of systems, units and mechanisms

had a car
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2 LOADING MODES AND CALCULATION 
METHODS

2.1 Work process

For a mathematical description of the main features of the work process of 
aggregates, mechanisms and chassis systems, in many cases, when using the 
system equilibrium condition, it is enough to take into account only external 
forces (force)P(for rotary motion - momentsM):

∑Mn=0, (2.1)
and for transient processes (acceleration, deceleration) the mass is also involvedm(for 
rotational motion - moments of inertiaI):

∑Mn+∑Inϕ--n=0. (2.2)
In some cases, for example, for a suspension, it is necessary to analyze 

oscillatory processes. At the same time, using the principle of independence, 
consider the behavior of the system under the influence of forces (or moments) 
caused by lineare=x/P(or angulare=ϕ/M) elasticity of system links, and
forces caused by uneven mass movement:

∑ ϕ+ϕI ϕ- n+1=Mϕ,n
n-n+∑ (2.3)

en,n+1

whereMϕ=Mason(ϕ-t+ε)is the moment corresponding to the external disturbance 
influence When determining the self-oscillations of the system, takeMϕ=0.

Consideration of resistance forces (or moments) equivalent to viscous frictionCbx-

(orCbϕ- ) and dry rubbingCcµ, allows you to determine the degree of attenuation of co- 

pouring in time:

∑I ϕ- ϕ+ϕn+1−Cbϕ- -Ccµ=Mϕ.n
n-n + ∑ (2.4)

en,n+1

In some cases, it is also necessary to take into account the presence of backlash 
in individual links of the system.

A significant simplification of the calculation and analysis of a multi-mass multi-
link system is provided by replacing it with a simpler equivalent system, for 
example, a single-mass or two-mass system. At the same time, for systems with 
serially connected links, the following summation formulas are used:

Ie ∑In+∑i2
m= n ⋅ r2n, (2.5)

n

en,n+1,
i2n

ee =∑ (2.6)
i2n
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wherein=ωe/ωn– transmission number from the link of reduction to the given link.
For systems that have open and closed (ring) branches, when definingIe

andeeuse special methods: the chain method
fractions, remainder method [3].

When analyzing the work process of systems and subsystems with automatic 
regulation, a study of stability, speed and accuracy of system operation is 
additionally conducted.

When solving equations of type (2.1)-(2.4), we obtain initial characteristics, 
which for mechanical systems, of course, have the form of dependences of force 
parametersMorPfrom kinematicsωorv. On weekends, the character- Ristics also 
includes functions that allow you to evaluate the efficiency of the unit or system, 
for example, specific fuel consumption for heat engines, KD (coefficient of 
efficiency) for gears, etc. d. Oscillatory processes are, of course, evaluated using 
amplitude-frequency characteristics. Other types of characteristics are also used. 
It is also necessary to have information about the boundary conditions for the 
initial characteristics and the degree of influence on them by operating 
conditions: temperature, humidity, duration of work, etc.

Thus, the calculation of the initial characteristics should include:
– definition of nominal static (and dynamic) characteristics;
- calculation (if necessary) of the characteristics that allow the evaluation

oscillating processes and operation of automatic subsystems;
– determination of the degree of influence of possible operating conditions on parameters

three initial characteristics.

2.2 Strength calculation methods

During the operation of the car, its parts may be destroyed for 
various reasons. Failures, i.e. malfunctions of car parts, can be classified 
into two groups.

1. Failures that occur suddenly when the stress exceeds the limit
strength of this part.

2. Failures arising as a result of gradual irreversible
accumulation of damage in the form of destruction from fatigue (cracks) or in the form 
of wear and tear.

The calculation of limit states in the first and second cases is 
performed using fundamentally different calculation methods and 
conditions of loading parts.

2.2.1 Calculation of static (dynamic) strength
This calculation must be made based on the maximum loads that 

correspond to the driving modes of the car that are particularly difficult for this 
part, for example, driving over a significant unevenness, starting from a place 
when the clutch is suddenly engaged, etc. p. The resulting maximum short-

17



temporary stresses should not exceed the strength limits of the material 
of this part. Particularly difficult calculation regimes will be different, 
different for car parts included in the transmission, suspension, control 
systems, frame or body, but, of course, their definition does not cause 
difficulties.

The criteria (criterion) of static strength (strength) can be 
coefficients of margin of strength, determined by limit or by allowable 
stresses.

When calculating according to ultimate stresses
σc τc.σdo≤ orτ (2.7)
pc

do≤
pc

Limit stresses are taken for plastic materialsσ
this fluidityσc=σ
the tensionσdo

abroad
. Di-

c

, for fragile - beyond the limit of strengthσc=σin

are taken according to the maximum stress determined
t

according to the maximum load for the most dangerous section of the part. In the case of a complex stress state, the equivalent stress is determinedσthere are=σ. Of course, for plastic materials, the theory
do

of the largest tangential stresses:
σe= σ 2+ 4τ2, (2.8)

1−a
2

1+a
2

σ=e σ+ σ 2+ 4τ 2 , (2.9)

wherea=σvr/σall – the ratio of tensile and compressive strength limits.
The value of the safety factorpis determined by the product of the coefficientm

centsK,K, t. about in a about in2 Kand d, there are various factors. Of course, limit-1 3

are multiplied by two coefficients and accepted
pm≈n0=K1⋅K, (2.10)2

whereK– coefficient of stability of material properties,
K- the coefficient of responsibility of the part.
Accept for plastic materialsn0= 1, 2÷2.5 (smaller values   correspond to smaller ratiosσt/σ, for brittle materials

n0= 2÷6 (smaller values   correspond to higher values   of impact 
viscositya).

Calculations based on allowable stresses are more often used in the 
automotive industry[σ]=σc/pm(or[τ]=τc/pm), the values   of which are

1

2

in

k

have on the basis of the experience available in the industry, moreover

σdo≤[σ]orτdo≤[τ]. (2.11)
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Thus, when calculating according to the ultimate stressσdo

– equation (2.7), and when calculating according to the permissible ones

need-
but compare withσc/p m

stresses - with a given value[σ].

2.2.2 Calculation of fatigue strength
This calculation must be done according to the loading modes that 

correspond to the operating conditions characteristic of this vehicle, taking 
into account their duration. The calculated equivalent stresses, which 
characterize the fatigue of the material of this part with the known nature of 
the load change, are used to determine durability. To calculate the fatigue 
strength, taking into account vibrations, it is necessary to determine the 
conditions corresponding to resonant oscillations. For calculations on fatigue 
strength, it is necessary to have statistical data, the collection of which is 
quite time-consuming and requires a lot of time.

The fatigue strength criteria, as well as the static strength criteria, 
can be the strength margin coefficients determined by the limit or by 
the allowable stresses - equations (2.7) and (2.11).

Limit stresses are taken as the limit of endurance in a symmetrical 
stress cycleσ(orτ ) or by stresses (orτ),

) take
− 1 − 1 σdo do

which take into account the asymmetry of the cycle. Acting stressesσ (orτdo do

according to the equivalent stress, which takes into account the specified nature of the stress change over time,σdo=σ, the coefficient of safety in the calculation
e

they take fatigue strengthpm≈n0= 1.1÷1.5, and sometimesn0= 1.

If the operating conditions are known, then the following calculation 
procedure can be used [2].

1. Establish the classification of operating conditions for this car
(road type, payload, speed mode, etc.).

2. Record the loading mode of this part in road conditions
tests and build correlation tables for each of the accepted operating 
conditions.

3. Build part load distribution curves for each of
accepted operating conditions.

4. Construct fatigue curves using data from bench tests
experiences

5. Calculate the correlation equations of longevity.
6. Calculate the coefficient of the reserve of fatigue strength and the ultimate term

parts service (in km mileage) for each of the accepted operating conditions.
7. Calculate the maximum service life of the part (in km mileage) for

mixed operating conditions.
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2.2.3 Calculation of wear resistance (contact strength)
It is expedient to make this calculation using the same loading 

regimes as when calculating the fatigue strength. A less reliable, but 
simpler calculation can be performed using conditional average loads 
and correction coefficients (coefficient, factor) that take into account the 
degree of non-stationarity of the regime.

2.3 Loading and calculation modes

The loading mode (working conditions) characterizes the real loads 
that the parts and units of the car withstand during operation. The real 
or conditional loading mode adopted when calculating the strength of 
car parts is called calculated. The calculation mode is established based 
on the analysis of loading modes. Different calculation modes are used 
for different units and systems of the car.

2.3.1 Calculation modes for transmission
1. According to the maximum torque of the engine. In this case, the calculation

th moment (without taking into account the efficiency)

Mp=Mema (2.12)x ⋅ in⋅a, n

wherein – gear ratio from the motor shaft to this shaft;
is the coefficient that takes into account the maximum possible part of the moment,an

transmitted by this shaft, if the other part of the moment is transmitted by other 
shafts (half axles, drive to the front and rear driving wheels, etc.).

This calculation mode is usually used for comparative verification 
calculations.
2. For maximum traction of the driving wheels with the road. In this you-

padku
rk

n⋅η′
Mp =G′ ,max ⋅ (2.13)of⋅ϕ i′ n

whereG′ - the largest adhesion weight (adhesion weight) taking into account the possibility ofof

during the acceleration of redistribution;
i′ ,η′ – gear ratio and efficiency from the drive wheel to the given shaft;n n

rk – rolling radius of the driving wheel;
ϕmax= 0.7÷0.9 is the maximum (with margin) coupling coefficient

(adhesion factor).
This calculation mode is usually used for cardan shafts and axles of 

multi-axle cars.
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3. According to the maximum dynamic load, usually, for on-
"throwing" clutch release. At the same time, it can be considered (without taking into account the efficiency)

Mp=Mema x ⋅ in⋅a , (2.14)n⋅k d

wherekd=β⋅(andtr+8)/andtr– dynamism coefficient;

and– gear ratio of the transmission;tr

β– clutch reserve factor.
4. According to real operating loads (calculation on

fatigue strength, in some cases taking into account bending and torsional 
vibrations).

In addition, individual parts of the transmission additionally count on 
heating (clutches, friction elements of gearboxes, and sometimes 
individual units), critical angular speed (cardan shafts), stiffness (gearbox 
shafts), wear and tear, etc. d. For the calculation of non-automatic drives 
(clutch pedal (pedal; foot bar), levers) the maximum calculated effort is 
takenR= 400 N. About calculation modes for semi-resolvedp

of loaded semi-axles, see in p. 2.3.6.

2.3.2 Calculation modes for brakes
The calculation of brake mechanism parts is usually carried out based on the 

maximum traction of the wheels with the road:
Mp=G′ of⋅ϕma ⋅ rk, (2.15)x

whereG′ – the largest towed weight, taking into account the possible brakingof

redistribution baths;
ϕmax= 0.8÷1.0 is the maximum coupling coefficient.
The calculation of the drive parts is carried out based on the maximum 

calculated force of 1500 N on the pedal (800 N on the lever) or on the 
maximum calculated pressure (with a pneumatic drive).

In addition, brake mechanisms (brake gear) count on heating.

2.3.3 Calculation modes for steering
1. By the maximum torque on the steering wheel

Mp=Rinmax⋅rrk , (2.16)

whererrk – steering wheel radius,
- the maximum force applied by the driver to the steering wheel,Rinmax

500 N (for cars you can take 250 N) regardless of whether there is an 
amplifier or not.
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2. According to the maximum braking force applied to one steering wheel
foot wheel (the braking force is balanced by the force on the steering wheel atϕmax= 0.8÷1.0, for other wheels they acceptϕ= 0 )

Rp=G′ . (2.17)of⋅ϕ max

3. According to the force that occurs when the driven wheel hits the highest gear
damage while driving the car.

About the calculation modes for the parts of the rotary trunnion, see in p. 2.3.6.

2.3.4 Calculation modes for suspensions

1. According to static loads from the weight of the car, taking into account
dynamism coefficient

Rp=Gof⋅k. (2.18)d

Valuekincreases with increasing suspension stiffness, speed-d

car bones and road bumps. GAZ 3309 
rear suspension:kd

For example, for the root letter
= 1.3 atV=60 km/h. for the road from the rivera

it covering; 1.6 atVa

V=20 km/h for off-road
= 50 km/h. for paving stones; 3.0 at

a

2. According to real operating loads (calculation on
fatigue strength).

2.3.5 Calculation modes for frames and bodies

1. Driving at high speed on a bumpy road. Calculation on
bend at

Rr=Phundred⋅k,yes (2.19)
whereP– static load;
kis the dynamism coefficient forandof the calculated section.

hundred

yes

2. Overcoming large bumps with some wheels hanging out. Dis-
account for torsion at

h
B

cn⋅cp,
cn+cp

M= (2.20)p ⋅

whereh –height of inequality;
B– track (wheel span);
cn

cp

– angular stiffness of the suspension;

– angular stiffness of the frame or body.

In addition, the calculation of deformations or damage to the body from an 
impact in the event of an accident (from the front, rear, side or top – overturning) is 
carried out - calculation for asymmetric loading according to the calculation scheme.
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2.3.6 Design modes for bridge beams
The following calculation modes are used for bridge beams, as well 

as for steering knuckles and spindles and semi-unloaded half-axles.

1. For the maximum traction of the wheels with the road during a sharp brake-
bath - equation (2.15).

2. According to the maximum loads that occur when the car skids
of the mobile at the turn (they are neglected by traction forces).

3. According to the force that occurs when the wheel hits the highest obstacle under
driving time of the car.

In addition, for semi-unloaded semi-axles, beams of driving bridges and their 
pivot pins, the calculation mode will be the mode with the implementation of the 
maximum traction force - equation (2.13).

Questions for self-control

1. What are the features of the mathematical description of the working processes of aggregates,

Do you know the mechanisms and systems of the car chassis?
2. What are the initial characteristics of the work process?
3. How is static strength calculated?
4. What is the sequence of calculation for fatigue strength?
5. How to calculate the wear resistance?
6. What are the calculation modes for the transmission?
7. What are the calculation modes for brakes?
8. What are the calculation modes for steering?
9. What are the calculation modes for suspensions?
10. What are the calculation modes for frames and bodies?
11. What are the calculation modes for bridge beams?
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3 CLUTCH

The clutch is designed for short-term disconnection of the engine shaft from the 
transmission and their subsequent smooth connection, which is usually necessary 
when the car starts from a standstill and after shifting gears while driving.

3.1 Requirements for clutches

1. Smooth switching on. This reduces dynamic loads in the transmission
and improves smoothness of movement.

2. Complete (clean) shutdown. Allows you to avoid "driving" the car
and reduces the danger of stalling the engine when the car is 
stationary, and also reduces the load on the gearbox synchronizers.

3. Full power on. Allows you to avoid clutch slippage
when transmitting the maximum torque of the engine.

4. The minimum moment of inertia of the driven parts. It reduces work
friction in gearbox synchronizers.

5. Effective heat removal. This eliminates the violation of normal ro-
clutch boots due to overheating.

6. Wear resistance of friction surfaces and stability of the coefficient of friction at
significant increase in temperature and wear of friction surfaces. This ensures 
increased reliability and durability of friction clutches.

7. Convenience and ease of management.

3.2 Classification of clutches

1. According to the nature of the connection between the leading and the driven parts:

- mechanical (friction) clutches, dry or oil-operated;

- hydraulic clutches (hydraulic couplings);
- electromagnetic clutches with dry or liquid filler.

2. According to the management method:

- non-automatic (usually with the driver's influence on the pedal) with or 
without an amplifier;

- semi-automatic (usually with a signal to turn off or on from the 
movement of the fuel pedal or the gear shift lever);

- automatic (usually controlled by the angular velocity of the motor 
shaft).

In addition, friction clutches are divided into: a) 
according to the shape of parts with friction surfaces:

- disk (single-disk, two-disk and multi-disk);
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- conical;
- block;

b) according to the method of creating the clutch engagement force:
- semi-centrifugal (with springs and centrifugal sinkers);
- centrifugal;
- with springs (with peripheral springs or with a central twisted or 

diaphragm spring);
- with electromagnet;

c) according to the type of clutch disengagement drive:
- with mechanical;
- with hydraulic;
- with electric (electromagnetic);
- with a combined drive.

On most cars, permanently closed clutches are installed, that is, 
those that are constantly on and off by the driver when moving, shifting 
gears and braking. Permanently open clutches, which are turned off at 
low angular speed of the engine crankshaft and are automatically 
turned on when it increases, are used relatively rarely, mainly in 
automatic control.

Single-disc dry clutches are installed on cars and trucks of small and 
medium capacity. Two-disc clutches are used for heavy-duty trucks 
(KamAZ, KrAZ, MAZ), but sometimes, for the purpose of simplifying the 
design, a single-disc clutch is also used for them ("Magirus 290"). Multi-
disc clutches are used extremely rarely and only on cars with a large 
carrying capacity.

Hydraulic couplings - hydraulic couplings (fluid coupling) - were used on 
Russian ZIM (GAZ-12) and MAZ-525 cars. Nowadays, hydraulic couplings are not 
used as a separate unit. In some hydromechanical transmissions, under certain 
conditions, the torque converter switches to the hydraulic clutch mode.

Electromagnetic powder clutches and clutches with electromagnetic 
pressure force creation in the 40s and 50s of the 20th century. received 
a certain application due to good adaptability to control automation. 
However, they did not become widespread, as well as automatic 
clutches of other types, which is mainly due to their complexity. In our 
country, electromagnetic powder clutches were installed on ZAZ cars 
for the disabled.

The clutch drive of passenger cars is mainly hydraulic, often with a 
servo spring, which facilitates control.

3.3 Working process of friction disk clutch

Features of the working process of the friction clutch are as follows:
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– when switching on: in the smooth connection of the leading and driven parts due to
the possibility of long-term mutual sliding (slipping) of friction surfaces;

– in the on state: in the transmission of the torque at the expense
friction forces between the friction surfaces of the leading and driven parts, pressed against 
each other;

– when switching off: in the possibility of quick and unhindered
transmission of torque due to disconnection of driving and driven parts;

– in the off state: in the absence of torque transmission
when the drive is under load, the clutch is disengaged.

To describe the working process of the engaged state of the clutch, it is enough to
use addiction∑Mn=0. Only two external moments are applied to the 
clutchM1=M2=M

. Driven disk sandwiched between flywheelsof

com and pressure disk with effortRperipheral (or central) springs.

Parts of the clutch disengagement drive are unloaded.
In the disengaged state, the clutch does not transmit torque, but the 

drive parts and drive parts of the clutch are loaded with forces. In case of 
non-automatic control, the driver creates the shutdown force by applying 
force to the pedalRp.

To describe the work process with this coupling state, it is enough to use 
the dependence∑Rn=0.

The clutch is engaged by releasing the pedal. The effort on the pedal 
decreases to zero, and the moment transmitted by the clutch increases
is from 0 toM . At the same time, skidding occurs for some timeofmax

clutch becauseω1≠ωat the beginning of the activation.2

When switching gears, the driver quickly presses the clutch pedal 
and releases the fuel pedal (pointMrin fig. 3.1). Angular velocityω1

the engine shaft is reduced under the action of the engine braking 
torque. The driver uses the lever to shift gears and then relatively 
quickly releases the clutch pedal, lightly pressing the fuel pedal (pointd
in fig. 3.1). On pointsameslippage of the clutch ends. Full shift time -t, 
the time of the car coasting –t3, time spent4

clutch slippage -T. Clutch slippage operation when switchingb

gear ratio is much smaller than when starting from a standstill.
The clutch is disengaged by pressing the pedal. To avoid skidding, it 

is advisable to quickly disengage the clutch. The change in effort on the 
pedal depending on its movement is shown in Fig. 3.2. From fig. 3.2 it 
follows that the maximum loads on the parts of the clutch release drive 
when using coiled springs (curve1) from
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indicate the disengaged state of the clutch (pointb), and with a plate spring (curve 2) 
- the beginning of switching off (pointand).

1

ωVa
And transmission ω2

ω1
II transmission

ω2 Va

a b in Mr d
t3

there are

T'b
samet

Tb

t4

Figure 3.1 – Speed   change diagram when switching gears

R
b1

1
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2
b2

0 incl. off S
Sentrance Srh

Sn

Figure 3.2 – Graph of the change of forces in the clutch drive

3.4 Clutch control automation

The use of semi-automatic (usually, with a signal to turn off or on 
from the gear shift lever) or automatic (usually, centrifugal) friction 
clutches allows you to significantly simplify driving by eliminating clutch 
pedals and by approximately two times [4] reducing the work of 
slipping when moving the car from place.

Semi-automatic clutches include, for example, clutches
[3] with the switching force provided by an electromagnet. When applying current 
through the brushes to the ring winding of the electromagnet located in the ma-
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clutch, the driving disc with the pressure plate is attracted to the latter, pressing the 
pressure plate (clutch pressure plate) to the driven one. If the circuit of the 
electromagnet is open, the springs will move the pressure plate away from the driven 
plate (clutch driven plate). The smoothness of switching on is ensured by the gradual 
increase of the current in the electromagnet.

Automatic clutches include centrifugal clutches [4], for example, clutches. 
When the angular speed of the engine shaft increases, the pads attached to 
the flywheel are pressed against the inner cylindrical surface of the driven 
drum under the action of centrifugal forces. When the angular speed of the 
motor shaft decreases, the return springs move the pads away from the 
drum.

The automatic clutch (Fig. 3.3) allows smooth movement of the car 
from a standstill, and can also be used together with the servo-
mechanism of inclusion in order to ensure fully automatic gear shifting. 
Other functions of the automatic clutch include controlling the 
compressive force during acceleration of the vehicle and interrupting 
the flow of power during braking.

1 3 4 7

2

5
M

8

6
9

1 – engine; 2 – engine crankshaft speed sensor; 3 – clutch;
4 – gearbox; 5 – servomotor; 6 – control unit (electronic control unit); 7 – speed 

sensor (sensing element); 8 – fuel supply pedal; 9 – clutch pedal

Figure 3.3 - Automatic clutch
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3.5 Design and calculation of clutches

3.5.1 Selection of the type and design of the clutch
When choosing and substantiating clutch designs for a designed car, special 

attention should be paid to ensuring such requirements as smooth engagement, 
complete disengagement, durability, convenience and ease of control. For this, it 
is necessary to proceed from a critical assessment of the existing designs of 
domestic and foreign clutches and take into account the conditions of clutch 
operation.

For cars whose operating conditions require frequent use of the 
clutch (urban conditions, work in quarries, short distances, etc.), 
hydraulic or electrodynamic types of clutches can be used.

3.5.2 Determination of the dimensions of friction surfaces
The process involves the calculation of the outer and inner diameters 

of the friction pads of the driven clutch disc.
The maximum static moment transmitted by the clutch due to frictional 

forces, which prevents slipping of the working parts of the clutch, is determined 
from the dependence

MC=β⋅Memax=Pn⋅µ⋅Rcp⋅i, (3.1)
wherePnis the total force of pressing the elastic element on the pressure one

disk, H;
Rcp– average radius of friction, m;

i– the number of friction surfaces in the clutch mechanism;
µ– coefficient of friction. For different types of overlays, it varies within the limits

from 0.2 to 0.5;
β– clutch reserve factor. Its value is selected depending on

properties depending on the type and purpose of the car (Table 3.1).

Table 3.1 – Calculation parameters of clutches
Bus,

tractor vehicleCar type Lightweight Cargo

β 1.3...1.75 1.6...2.0 2.0...3.0
AD 0.46 0.525 0.725

The dimensions of the friction pad of the driven clutch disc are 
determined empirically

DWITH=ADMemax, (3.2)
whereADis the coefficient of the operating mode of the clutch, is accepted

according to the table 3.1;

Memax– maximum engine torque, N∙cm;
DWITH– the outer diameter of the friction pad of the driven disc, see
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In design practice, the outer diameter of the driven clutch disc for 
single-disc clutches is selected within:

– for cars –DWITH=170...225 mm;
– for trucks –DWITH=250...400 mm. The inner diameter of the 
friction pad is assumed to be equal

dB=(0.55...0.75)DWITH. (3.3)
The average value of the friction radius is determined by the formula

D+
4

Rcp= WITHdB.

3.5.3 Determination of total pressing force The calculation 
can be performed according to the dependence (3.1)

MP= C .
µ⋅Rcp⋅in (3.4)

The number of friction surfaces is equal to twice the number of 
driven clutch discs (2 for single discs, 4 for double discs).

To establish the correct selection of the main dimensions of the clutch 
disc, it is checked by the allowable specific pressures, which can be 
determined by the formula

4P
D2

P0= n .
WITH+ d2B

Permissible specific pressure values   for asbestos-based fractional 
materials should be within 150...300 kPa, and for metal-ceramic overlays 
1000...1500 kPa. It is also necessary to keep in mind that for friction discs, 
in whichDWITH> 300 mm, you need to choose smaller values   -
notP0in order to reduce the speed of skidding on the periphery.

3.5.4 Calculation of compression springs
The process consists in determining the diameter of the springD, the diameter of the wired, with

of which it is made, stressesτand its maximum deformationλmax.
The diameter of the cylindrical springDvaries within small limits (27...32 mm). 

The diameter of the spring wiredit is recommended to take it as an equal
3 ... 5 mm.

When the pressure springs are placed peripherally, their number must be taken 
as a multiple of the number of switch-off levers. The minimum number of springs is 
3.

The number of springs (Table 3.2) is related to the dimensions of the clutch (its 
outer diameterDWITH).

The force on each spring at peripheral location is determined by the 
formula
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Pn,
n

P= (3.6)

wheren– the number of springs of the clutch mechanism.

Table 3.2 – Influence of clutch dimensions on the number of used springs
The diameter of the driven disk,

D, mm Up to 200 200–280 280–380 more than 380
WITH

Number of springs 3–6 6–12 12–18 to 30

This effort should not exceed 600...700 N for medium-sized vehicles and 
1000 N for heavy-duty vehicles. The maximum number of working springs in 
a single-row arrangement does not exceed 18, and in a double-row 
arrangement - 28...30.

The maximum stresses in the cylindrical springs when the clutch is 
disengaged exceed the working stresses by 15...25%, therefore the calculation 
formula has the following form:

10D⋅P
π⋅d3

τ=ξ

whereξis a correction coefficient that takes into account the influence of the curvature of the turns

springs and depends on the ratio .

, (3.7)

D
d

Table 3.3 – Selection of correction factor
D/d 7 6 5 4 3

ξ 1,2 1.25 1.3 1.4 1.6

The calculated stresses in the springs should not exceed the allowable ones, 
which are equal to 700...750 MPa.

The maximum deformation of the spring is determined by the formula
10D3Mon

Gd4
λmax= , (3.8)

whereGis the shear modulus [80000 MPa].
To ensure the normal operation of the clutch, it is necessary that, when 

the clutch is completely turned off, the gap between the coils of the spring 
remains at leastf=1 mm. The total number of turns should be two turns
more workers, because the extreme turns are bent and polished.

The length of the spiral cylindrical spring in the free state (without 
load) is determined by the formula

l=d(n+2)+f(n−1)+λmax. (3.9)
In clutch mechanisms, conical central springs can be used as a 

pressure element, in addition to twisted cylindrical springs
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of rectangular section and plate springs, the calculation of which is given in the 
literature [2, 3].

3.5.5 Indicators of durability or wear resistance
These indicators for the clutch mechanism are estimated by the specific work of 

skidding and the heating temperature when starting from a standstill.
The work of towing, which does not depend on the smoothness of switching on, is equal to

n2 IaL=0
180

⋅ , (3.10)
Ia --1− 1 --1+
Ie-

wheren0– the number of revolutions of the engine crankshaft per minute when switched on

β-

slow clutch (recommended to take 800 rpm);
Ia– moment of inertia of the car, reduced to the clutch shaft;
Ie– the moment of inertia of the rotating masses of the engine;

β– clutch reserve factor.
The moment of inertia of the translationally moving and rotating masses of the car, 

reduced to the crankshaft of the engine, is determined by the formula

GI=a rK
2

a ⋅ , (3.11)
g

whereGa– total weight of the car, N;

i20⋅i2KI

rK– kinematic radius of the wheel, m;
i0– gear ratio of the main gear;

– gear ratio of the first stage of the gearbox.iKI

The specific work of clutch slippage is determined by the formula

,L
FΣ

C= (3.12)

whereFΣis the total friction surface of the clutch linings.
The heating of clutch parts during a single switch-on (neglecting 

radiation) is determined by the following formula:
γ⋅Lτ= γ⋅L

427⋅0.115⋅GD
= , (3.13)

C⋅mD

wheremD(GD) is the mass (weight) of this part;

γis a coefficient that takes into account how much of the work of friction is perceived
clutch disc. For pressure disc and flywheel with single-disc clutchγ= 0.5; 
for a two-disc clutchγ= 0.25; for pressure
disk and for the master medium diskγ= 0.5.

Numerical values   of specific towing work and heating temperature 
when starting from a standstill in lower gears should not exceed the 
values   given in table 3.4 (for one start-up).
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Table 3.4 – Critical values   of specific towing work and heating 
temperature

MJ
m2

kg⋅ see

see2
C, C, τ, °C

For single cars 1 10 10
For cars with a trailer 1.5 15 20

3.5.6 Clutch control drive
The mechanism is calculated after substantiating and developing its 

design scheme.
When designing the clutch drive, it is necessary to ensure the correct selection 

of the main dimensions of the levers and parts, which affects the convenience and 
ease of control of the clutch clutch.

The selection of the gear ratio of the drive must be carried out taking into account the 
following requirements:

– the full stroke of the clutch pedal should not exceed 150 mm for
passenger cars and 180 mm for trucks;

- the free travel of the pedal should be - 20...35 mm;
– the gap between the pressure clutch and the pressure levers should

align 2...4 mm, the gap in each pair of friction surfaces 0.75...1.0 mm;
- maximum pressing force (Pped) on the pedal when turning off the computer

traction should not exceed 150 N for cars and 200 N for trucks.

Gear ratio (power) of the clutch drive
Pni=Ave , (3.14)

Pped⋅ηAve

or
β⋅Memax

iAve= .
µ⋅i⋅Rcp⋅Pped⋅ηAve

For mechanical, hydraulic drivesηAve=0.6...0.85.
The gear ratios of the clutch drives of modern cars are in the range 

of 30...45.
Gear ratio of the mechanical drive (Fig. 3.4,and) is determined by 
dependence

a⋅c⋅e
b⋅d⋅fiAve= .

For a hydraulic drive, the gear ratio (Fig. 3.4,b) gift-

(3.15)

bleats

a⋅c⋅d2

b⋅d⋅d2
i= 2.

1
Ave (3.16)
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--l - Pn --l - Pn

Pped Pped--- ---

a) b)
Figure 3.4 – Kinematic schemes of mechanical and hydraulic

clutch drives

The full stroke of the pedal (pedal movement) of the mechanical clutch drive is 
equal to

a.c
bdSpedM=∆lipr+δ . (3.17)

For a hydraulic drive, the full stroke of the pedal is equal to
d2a= ∆lipr+δ2,
d2

SPedG (3.18)
1b

where∆liAve– clearance (clearance) between the pressure and driven disk;

δ- the gap between the pressure clutch and the pressure levers. The use of the 
given dependencies makes it possible to solve the issue of choosing the 

structural dimensions of individual parts and the overall kinematics of the clutch 
drive. When determining the cross-sections and configuration of drive parts, special 
attention should be paid to the stiffness of levers, rods, rollers and other structural 
elements that affect both the amount of pedal travel and the frequency of 
engagement and disengagement of the clutch.

3.5.7 Calculation of vibration damper The calculation consists in 
determining the torsional stress of the damper spring

8PDcpK
π⋅d3

τ= , (3.19)

4c−1
whereK=

4(c−1)
0.615

C
Dcp=4.5÷9.5;
d

+ ;C=

P– force acting on one spring, N;
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dis the diameter of the spring wire,d=3...4 mm;
Dcp– the average diameter of the springs,Dcp=11...15 mm.

The full number of turns of the spring is acceptedn=6. Moment of preliminary 
tightening of the damper springs

Msoftware=(15÷20%)⋅Memax. (3.20)
Permissible torsional stress in springs[τ]are taken as equals

650...800 MPa.

3.5.8 Checking the strength of the elements of the driven clutch disc and attachment
water

The check is performed in accordance with the main provisions of the theory of strength
hundred

Torsional stresses along the inner diameter of the splined shaft 
(primary shaft of the gearbox) are equal

β⋅Memax,τ= (3.21)
0.2d3

wheredin- the diameter of the shaft in the dangerous section, 

see The stress of crumpling the slits is equal to

in

2P
zl(dWITH−din)a

σ= , (3.22)

wheredWITHanddin– external and internal diameters of the splined shaft;

l– length of splined connection;
Z– number of slots;
a– the coefficient of accuracy of the fit of the slots;
Pis the force acting on the slots. The 
slot shear stress is equal to

4β⋅Memax,
dWITH+din

P= (3.23)

P
zlbdτcp= , (3.24)

wherebis the width of the slot.

The stresses of the completed structures made of steels 40X, 18XHT, 
30XHT, 12XHNZA are

for torsion -[τCr]=100...120 MPa;
for reference -[σzm]=60 MPa; 
per cut -[τcp]=30 MPa.
Slots are selected according to GOST 6033 - involute and GOST 1139 

- spur.
When calculating a two-disc clutch, checking the strength of the splines is 

carried out taking into account the full size of the working surface of the hubs of 
both driven discs.
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The driven disk is connected to the hub with rivets, less often with bolts. 
Rivets are designed for shear and crumpling, and bolts, in addition, for 
tension. The crumpling stress is determined

MemaxP= (3.25)
Z3R3ld3

and cut

4Memax,
2R3

τcp= (3.26)
πz3d3

whereZ3andd3– the number of rivets and their diameter;

R3– the distance from the center of the shaft to the rivet axes;

lis the thickness of the driven disk.
The rivets that fasten the friction pads to the driven shaft are calculated 

similarly. Bending stresses are allowed up to 10 MPa, and shear stresses up 
to 6 MPa.

The parts of the clutch drive are calculated on the action of the maximum effort 
of pressing the pedal, taken as equal to 400 N, and the parts located after the limiter 
- on the force of the compression springs when the clutch is disengaged.

Questions for self-control

1. What is the clutch for?
2. What are the general clutch requirements?
3. By what features are clutches classified?
4. What types of clutches are installed on different cars?
5. Describe the working process of a friction disc clutch?
6. How is the type and design of the coupling selected?
7. How are the dimensions of friction surfaces determined?
8. How is the total clamping force determined?
9. What is the sequence of calculation of compression springs?

10. What are the indicators of durability or wear resistance of clutches?
11. What are the features of calculating the clutch control drive?
12. What is included in the calculation of the torsional vibration damper?
13. How to check the strength of clutch elements (disk, drive)?
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4 GEAR BOX

The gearbox is designed to change the gear ratio of the transmission 
in order to obtain traction forces on the driving wheels and vehicle speeds 
within wider limits than can be achieved by changing the engine operating 
modes. In addition, the gearbox allows you to move the car in reverse and 
disconnect the engine shaft from the drive wheels for a long time, which is 
necessary when the engine is running in the parking lot or when coasting.

The gear ratio (kinematic) is defined as the ratio of the angular 
speed of the driving shaftωto the angular velocity of the driven1

driven shaftω. Range of transmission numbersDkp=and/
gear ratios of lower and higher gears.

1 n and, whereandn , –in andin

4.1 Requirements for gearboxes

1. Provision of high traction and dynamic properties and fuel
car efficiency.

2. High efficiency (efficiency) in the operating range of
reference numbers.

3. Minimal vibrations (vibration) and noise.
4. Provision of minimum dimensions and mass, simplicity of structure and

serviceability, manufacturability, maintainability.
5. Ease and convenience of management.
6. Provision of power selection for driving additional equipment-

transmissions (gearboxes of special and cargo specialized vehicles).

4.2 Classification of gearboxes

1. By the method of changing the gear ratio: stepped (with a gap
or without interruption of the power flow), stepless, combined.

2. According to the nature of the connection between the driving and driven shafts: mechanical, hydraulic

wooden, electric, combined.
3. According to the control method: non-automatic (usually with the influence of the driver on

lever), semi-automatic, automatic, with combined control.
Mechanical step gearboxes (they usually consist of gear 

mechanisms), in addition, are divided into:
a) by type of gear mechanisms: with fixed gear axes, with moving 

axes of some gears (planetary), combined;
b) by the number of forward gears: two-, three-, four-, etc. d. degree- 
frequent;
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c) by the number and location of the shafts: two-shaft, continuous coaxial or 
non-concentric, multi-shaft with the lower location of the driven shaft, etc. d.;

d) according to the method of switching gears: sliding gears, toothed 
clutches with or without synchronizers, clutches.

Stepless transmissions, like stepless transmissions, are divided according to 
the nature of the connection between the driving and driven shafts: mechanical 
(frictional, impulse), hydraulic (hydrovolumetric, hydrodynamic), electric. In 
addition, continuously variable transmissions are divided into two groups: 
dynamic and static. The first (frictional, hydrovolumetric) power parametersMdo 
not depend on kinematicsω, in others (impulse, hydrodynamic) - depend.

Combined transmissions (stepless with stepless), hydromechanical, 
electromechanical are divided according to the method of their connection: 
with serial (one-flow) and with parallel (two- and three-flow) connection. The 
latter are divided into transmissions with internal - fig. 4.1,in,Mr(in stepless 
transmission -G) and external - fig. 4.1,and,b(in step transmission -M) 
branching of the power flow. Hydromechanical transmissions, consisting of 
continuously connected stepless hydrodynamic transmission 
(hydrotransformer) and stepless mechanical transmission, were most widely 
used in cars.

G G
M M

and) b)

M M
G G

in) Mr)

Figure 4.1 - Power flow branching diagrams of combined gears

Hydrotransformers (fluid converter) are classified according to the following characteristics-
we:

1. According to the presence of an external regulation system: unregulated and regulated
strolled;

2. According to the direction of rotation of the driven shaft: forward, reverse
movement, reversible;

3. According to the sequence of location and number of blade wheels;
4. According to the type of turbine: with centripetal, with axial, with centrifugal turbine

she
Unregulated direct-drive torque converters with a centrifugal 

turbine are usually used on cars, and they have a reactor
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installed on the freewheel mechanism. This allows them to work not 
only in torque transformation modes, but also in hydraulic coupling 
modes. Such torque converters are called complex.

In addition to the main gearbox, some cars use additional 
gearboxes: demultiplier, divider, etc.

4.3 Working process of a mechanical step gearbox

Four states can be distinguished for the gearbox, which works 
together with the clutch: 1) switching on the gear; 2) on state; 3) turning 
off the transmission; 4) off state (neutral).

4.3.1 Enabled state
Dependency is used to describe the workflow∑Mn=0.

There are three external points:M– on the drive shaft,M– on the driven shaft and
Mis the reactive moment perceived by the crankcase, the existence of which is necessary but for receivingM2≠M.

1 2

R

1

The noise of the gearbox mainly depends on:
– accuracy of gear manufacturing;
- stiffness (stiffness) of shafts and crankcase (case, casing, housing), as well as

crankcase material (a cast-iron crankcase is less noisy than an aluminum one);
– gear balancing values;
– the size of the lateral gap between the teeth in engagement (extrusion

oils at high speed);
– structural elements of gears (noise decreases when

changes in the module and the diameter of the gears, with helical gears, with the 
extension of the hub, etc. d.).

Gear ratios with fixed gear axes and external engagement can be 
determined by the expression

im= (1)nZ2
Z⋅ 4-
Z3

Zn− 2,
Z2n-1

(4.1)
Z1

wheren- the number of engagements through which power is transmitted on this transmission 

womanhood;

Z– numbers of gear teeth.
Efficiency coefficient of mechanical gearbox (mechanical gearbox)

(4.2)η=ηwith⋅ηp⋅η, zm

whereη– the coefficient that takes into account the consumption of power for 

lubrication (by spraying or under pressure);
zm

η
η

– coefficient that takes into account losses in bearings;
– Efficiency of the gear mechanism itself.

p

with

For automotive gearboxes, usuallyη= 0.98÷0.99 - on a straight line, 
0.97÷0.98 – on downgrades and 0.95÷0.96 in first gear.
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If we take into account that when the ratio of the number of teeth of the 
gears, which are in engagement, is more than 3, the efficiency begins to 
noticeably deteriorate, then with a higher direct transmission, we will have a 
limitation in the range of gear ratios of the gearbox: a) two-shaftDkp<4; b) long 
coaxes
Dkp<10.

The temperature of the oil under intense operating conditions can reach 
120-140°С. The oil level is usually 35-45 mm above the axis of the intermediate shaft, 
and when using a pump - to the axis.

4.3.2 Enabling gears
Engaging with sliding gears leads to shock loads on the gear teeth if 

their angular velocities do not correspond to the gear being engaged. To 
describe the working process of switching gears, the dependence between 
the force impulse and the amount of movement during an inelastic impact 
is used [1]. Switching on with the help of synchronizers eliminates shock 
loads on the teeth.

Activation with the help of frictions is usually used in 
hydromechanical transmissions. When shifting gears, the clutch of the 
off gear is disengaged and the clutch of the on gear is engaged. If 
automatic shifting is used, then the shifting process occurs without 
reducing the fuel supply, which leads to an increase in the slippage 
work of the engaged clutch.

A decrease in the rate of activation over time, a decrease in the difference 
between static and dynamic coefficients of friction, etc. contribute to the reduction 
of dynamic loads when the friction is engaged. d.

4.4 Features of the working process of the planetary gearbox [5]

The main feature of the working process of planetary mechanisms is 
that the axes of the planetary gears (satellites) can rotate around some 
common axis. In automobile gearboxes, of course, coaxial planetary 
mechanisms with cylindrical gears are used, for which the common axis 
coincides with the axis of rotation of non-planetary gears (Fig. 4.2).

5
2 4 5 4

4 5
2
3

2
3

3 3
2 3

1 1 1 1 1 2

and) b) in) d)

Figure 4.2 – Schematics of automotive planetary gearboxes
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Peculiarities of planetary coaxial mechanisms in comparison with non-
planetary ones:

– the possibility of the formation of several parallel power flows,
why hydraulic or electric transmissions can be installed in parallel lines;

– the possibility of obtaining a higher efficiency, because part of the
strength is transmitted by portable motion without loss;

– smaller dimensions and significantly greater load transfer at the
some gear ratios;

– absence of radial load on the shafts (with 3 or more satellites
years), except for satellite axes;

– output shafts can only be coaxial;
– more significant limitations in ensuring the given transmission numbers,

because their value is determined not only by the parameters of the gears, but also by the 
connection scheme of the components of the planetary mechanisms between themselves and 
with the output shafts;

– higher production cost;
- a higher noise level, because with three satellites there will be six

tooth contact points instead of one for a pair of gears.
We note two more features.
1. Frictions of non-planetary gears are loaded with torque,

transmitted shaft, on which they are located
Mfn=Mentrance⋅i, (4.3)p

wheren– friction index;
i –gear ratio to the location of this clutch.p

Brake and locking clutches are mainly used in planetary gears. The 
first ones perceive the reactive moment and are loaded by the 
difference (the sum for reverse gears) of the torques on the driven and 
driving shafts, and the second ones are loaded only with a part of the 
transmitted torque, because the other part is transmitted in parallel 
through locked gears

Mfgn=Mentrance(it−1),
,

(4.4)
(4.5)Mfbn=Mentrance⋅and

wherei– transmission ratio;t

andis the share of the torque transmitted by the locking clutch.
2. The number of teeth of the gears, which are components of the elementary planetary

mechanism, must be in certain ratios that satisfy the conditions: 
concentricity, assembly, neighborhood (location of satellites), absence 
of trimming, i.e.Zmin> 13.

The condition of concentricity ensures the coincidence of the axes of the driving and driven shafts: 

for fig. 4.2,and

Z2−Z1= 2⋅Z, (4.6)Sat
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for rice 4.2,in
t1(Z1+ZSat1)=t2(Z2+Z ,Sat2)

wheretandt– coupling modules.1 2

The condition of assembly ensures the possibility of assembly of gears: 
for fig. 4.2,and

Z1+Z=AND⋅p, (4.7)2

for rice 4.2,in
ZSat1⋅Z2−ZSat2⋅Z1=AND⋅p,

wherep– the number of satellites;AND– coefficient (whole number).

The neighborhood condition ensures sufficient gaps between the teeth of the satellites: 
for fig. 4.2,and,in

πson > Zcam+ 2fGoal, (4.8)
p Z1+Zcam

wherefGoal=hGoal/m is the tooth head height coefficient, the equation is taken
by 1 for uncorrected gear teeth.

A planetary transmission with numbers of gears that do not meet the 
conditions of concentricity or assembly can sometimes be formed with the 
help of adjusting the teeth of the gears (GAZ-13) or uneven placement of 
satellites (Mercedes 600).

The equation of the connection between the power parameters – torques – on each of 
the three links of the planetary mechanism can be obtained by writing them down through 
the circular forces and the radii of the pitching circles of the gears:

R+R2P1 2.
2M=P⋅R,M M3= −1 1 2=P⋅R, 2

ForM3 a force equal to −2 is taken from the condition of satellite equilibriumPand applied

Rto the axis of the satellite. Marking 2=aand dividingM andM3 onM, get
R1

2 1

mo
M1:M2:M3= 1:a: −(1+a), (4.9)

The equation of the connection between the kinematic parameters – the angular 
velocities of the links of the planetary mechanism – can be obtained from the energy 
conservation equation

N1+N2+N3= 0 ,
by writing it in the form

M1⋅ω1+M2⋅ω2+M3⋅ω3= 0 ,
and applying equation (4.9)

ω1+a⋅ω2−(1+a)⋅ω3= 0. (4.10)
From equation (4.10), it is possible to determine the angular velocity of any of the three 

links, if the angular velocities of the other two are known.
The angular velocity of the satellite relative to its axis can be determined from the expression
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ωcam=(ω1−ω3 ) Z1. (4.11)
Zcam

In equations (4.9) and (4.10)α –parameter of the planetary mechanism. It 
corresponds to the gear ratio (taken with the opposite sign) of a planetary 
mechanism turned into a non-planetary one, that is, when the water is stopped

Z
Lee Therefore,a=2

Z- for Fig. 4.2,and,Mr;a= −2- for Fig. 4.2,b;
Z1

Z2⋅Zcam1- for Fig. 4.2,in.
Z1

a= −
Z1⋅Zcam2

The gear ratios of the planetary gearbox are determined in the 
following sequence. Write down as many coupling equations (4.10) as 
there are planetary series involved in torque transmission. Then 
conditions are substituted that take into account the connections between 
links (link, member) on this transfer. By jointly solving equations (4.10)

ω
is determined by the equation for the gear ratio in the formand= acc, vira-t

ωexit

driven by the parameters of the planetary series.
As an example, let's determine the gear ratio for the first gear (the 

clutch is onFrice. 4.3) GMP of the ZIL-114 car, moreover2

a1=a2= 55 / 23 = 2.39. Having written down

--ωwith1+a1⋅ωto1−(1+a1)⋅ωin1= 0
-
--ωwith2+a2⋅ωto2−(1+a2)⋅ωin2= 0

and considering that in 1st gear
ωentrance=ωto1=ωwith2,ωexit=ωto2 , ωin1=ωin2 , ωwith1= 0 ,

we will get
ωwith2 a1⋅a2+a

a1⋅a2-1
and= = 2= 1.72.1 ωto2

and) F2 F3 b)

F1

F2 F3

1.72 m
2.44
0.72

1.0 M
1.42entrance

0.42
entrance

F1

1.0 with1 with2 1.0
B AND B AND

Figure 4.3 – Load distribution for the first (and) and the second (b) gears
GMP ZIL-114
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For convenience in the solution, indices were adopted, indicating: 1 – the 
first and 2 – the second planetary series,with– solar (with external teeth) and
to– the crown (with internal teeth) of the gear,in- drove.

Determination of the efficiency of planetary mechanisms can be carried out according to the 
method of M. AND. Kreines, which allows you to determine the efficiency without the HMP scheme 
and without the analysis of power circulation, using only the expression for the transmission

ωnumber, by dividing the power transmission numberand=exitto the cinemat
ωentrance

ωentrance.tic gear ratioand= t
ωexit

The efficiency is determined in the following sequence. It is set as it 
changesandtas each parameter increasesa. Allapdivided into twop

groups: the first consists ofap, the increase of which leads to an increase andt, and 
the second - fromap, the increase of which leads to a decreaseandt. In general
in this form, it can be determined by the sign of the expression

asignn⋅ ∂im.
∂an

(4.12)
im

If the sign is plus, thenapbelong to the first group, and if minus, then - to 
the second Then it is foldedandtby multiplying byη0everyoneapthe first
groups and division intoη0everyoneapof the second group in the expression forandt. Finally recognized 

is waitingη3=im/im.

For elementary planetary mechanisms, when turning them into non-planetary mechanisms by decelerating the carrier, we obtainη0=ηn3=η3= 0.96 – for
in

rice. 4.2,a;η0=η2 0.936 - for rice. 4.2,b;η0=η2 - for rural areasandn3⋅ηin3= n3= 0.95
ηn3= 0.975 andηin3= 0.985.4.2,in;η0 =η3n3= 0 ,926 - for fig. 4.2,Mr. Accepted

As an example, let's determine the efficiency for the first transmission of the HMP of the 
ZIL-114 car (Fig. 4.3). Becauseaanda belong to

we will get at
in this case, to the second1 2

groups, then, dividing them intoη0= 0.96, a1=a2= 2.39

=0.97.a1⋅a2+a2⋅η0

a⋅a
a1⋅a2-1

a1⋅a2+a2

1.67
1.72

η3= ⋅ =
1 2 −η20

Let's determine the value of the moments transmitted by the ZIL-114 HMP 
frictions. According to equation (4.4)

-a1⋅a2+a
-

-
2-1- = 0.72M,M=Mentrancef2 entrance-a1⋅a2-1

Mf3=Mentrance(−a2-1)= −3.39Mentrance.

Locking clutchFtransmits only that part of the torque that passes 
through it to the sun gearwithof the first planetary row, i.e., according 
to equation (4.9), 1/(1+a from the moment on

-

1

1

1)
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ledM. From the condition of equilibrium of the link consisting of two carriers,
, but the carrier of the second planetary row must be loaded
in1

Min2=Min1

is equal to the moment that is part of (1+a
as direct transmission is considered. Therefore,

in dMto2=Mexit=M,
entrance

and2)/a 2

1+a2

a2

1
1+a1

Mf2= ⋅ =0, 42Mentrance .

Thus, you can find the load as a percentage ofM for every
entrance

transmission on each link of the planetary mechanism. In fig. 4.3 presents the 
distribution of loads (not including losses) for the first (and) and the second (b) 
transmission of the ZIL-114 HMP. Arrows show the direction of power flows. The icons in 
the circles indicate the direction of action of the circular forces: the dot is towards us, 
the cross is away from us.

In the ZIL-114 HMP, closed circuits are formed on the forward gears 
(branching points of the power flow -ANDandBrice. 4.3), and in a circuit 
with a branching pointAND, as the analysis shows, there is circulating 
power. Its value can be determined by the parameters of the link that 
transmits only circulating power. Such a link for the ZIL-114 GMP is a link
with:2

M⋅
M ω

for the first transmission

for the second transmissionNc=0, 42N

Nc= with2ω
with2Nentrance=0.72N,

entrance

entrance⋅ entrance

.
entrance

Circulating power can be when there is a closed circuit, which is 
possible in planetary mechanisms with two or more planetary rows, as 
well as when using locking frictions. However, the existence of a closed 
circuit does not yet determine the presence of circulating power. It is 
possible to transfer power by parallel flows without circulating power.

Circulating power, consisting on some links (see Fig. 4.3) with 
transmission power, increases the load and losses on these links, and 
therefore leads to an increase in dimensions, a decrease in durability 
and efficiency. However, these disadvantages manifest themselves 
insignificantly with high efficiency of overloaded circuits and with small 
circulating capacities. In blocked links, losses from circulating power do 
not increase, since there is no mutual movement of links.

Efficiency was obtained for the first transmission of the ZIL-114 HMPηin= 0.97. eh aP r d -
the exact number 1.72 can be obtained with the help of one planetary series 
(Fig. 4.2,and) ata= 1, 4, if link 1 is stopped, and link 2 is leading. In this

η+a
1+ain this case, the efficiency will beη=0 =0.984 (about 1.5% higher).3
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4.5 Working process of the torque converter

Features of the working process of the torque converter (GDT):
1. Power and kinematic connections between blade wheels are carried out by-

flows only through the working fluid, which is a single whole annular link, 
which is in force interaction simultaneously with the blades of all blade 
wheels;

2. There are quite high speeds with which the liquid flow flows around the blades
the reason for the existence of significant hydraulic energy losses (mainly due to 
friction and impact), which leads to limitations in the initial characteristics, mainly in 
terms of efficiency;

3. Force interaction of fluid and blades in the absence of rigid kinematics
matrix connection between the driving and driven shafts is the reason for the 
interdependence of the power forcesMand kinematicωparameters, which 
determines the ability of the GDT to load the engine with torque, which is uniquely 
determined by the operating modeandand angular velocityωdrive shaft1

4.5.1 Stable modes of operation [3, 16]
The initial characteristics of the GDT are used in dimensionless form:

K=f(i),η=f(i),λ1=f(i). (4.13)
wherei=ω1/ω–
K=M2/M

gear ratio;
– transformation coefficient;

2

1

η=N2/N1=K⋅i– efficiency;
M1λ= – torque coefficient of the drive shaft;1 ρ⋅ω21⋅D 5

ρ –density of the working fluid, for HDT oilsρ≈88 kg·s2/ m4;
D– the active (largest) diameter of the working cavity of the DHT in m. The 
following parameters are used to evaluate the initial characteristics in 

traction modes of operation (Fig. 4.4):
– K is the transformation coefficient ati=0; and

η
0

– ηmax – maximum efficiency in moment transformation modes and

is the kinematic working range, which is determined by

maxm

hydraulic couplings;

– Dand=imax/imin

modesη= 0.8(D0.8)or 0.75(D0.75);
– P– transparency coefficient.

2
λ1 max M- ω1m--P= = 1λ- (4.14)
λ1m M1m-ω1λ-

Transparency is the property of mechanical energy to change the mode of operation of 
the engine when the moment or angular speed of the driven shaft changes. Cut-
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are not transparent (P≈1), with a line (P>1) and the inverse (P<1) about
by stardom

Of course, in automobile GDT K0= 3÷2,ηmax= 0.85÷0.92,
ηmaxm= 0.93÷0.97,D0.8= 2, 4÷2,P= 1, 2÷2.5 (higher values   correspond to 
smallerKandD0.8). 0

ηm max

K η
λ1
1.0ηη max

3.0 0.8
0.6
0.4

K
2.0

λ1

1.0

and
0.4 andmin0.6 andη0.8 andmandmη- andmax0 0.2

Figure 4.4 – Output characteristics of the GDT in traction modes of operation
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N1

2

N2
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Figure 4.5 – GDT operation modes

HDT operation modes are divided into four main groups according to the 
direction of power transmission (Fig. 4.5) withω1> 0.

1. Traction:N1> 0 ,N2< 0 – power is transmitted from the engine to the
driving wheels (Fig. 4.5,and).

2. Brakes:N1≥0,N2≥0 – the power is only supplied to the GDT.
If the transition from traction to braking modes occurs when the sign of y changes
ωare anti-rotation modes, if yMare overtaking modes.2 2

3. Inverted:N1< 0 ,N2> 0 – power is transmitted from the drive wheels
to the engine (Fig. 4.5,in).
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4. Engines:N1< 0 ,N2< 0 – power is only diverted from the HDT. These
modes are possible only as short-term unstable ones, because transmission cannot 
be a source of energy (Fig. 4.5,Mr).

Calculation of the initial characteristics according to the given geometric 
parameters (blade anglesβn and radiiRlocation of input and outputn

edge) can be performed according to the jet theory, that is, considering the averaged 
parameters of the flow of the working fluid: flow rateQ, m3/s and pressureH, m, n

attributed to the average stream.
Using the well-known principle of mechanics, according to which the impulse of a force 

is equal to the amount of motionP⋅t=m⋅V, and taking the district componentPstrength,u1n

since it is she who gives the torque when multiplied byR, we will get an expression for 
the force of fluid interaction with the blades at the entrance ton-e blade wheel.

1n

m⋅Vu1n=Q⋅ρ⋅Vu1n.
tPu1n=

Then the torque will be equal to
Pu1n⋅R1n=Q⋅ρ⋅Vu1n⋅R1n .

Adding the moments of the amount of movement from the entrance to the exit from the vane 
wheel and taking into account the fact that the entrance conditions are completely determined by the 
exit conditions from the previous vane wheel, we obtain

Mn=Q⋅ρ⋅(Vu2n⋅R2n−V ⋅ R (4.15)u2(n-1) 2(n-1)).
The parameters included in equation (4.15) can be expressed through their 

proportional valuesωand characteristic linear dimensionD– active diameter1

GDTQ≈ω⋅D⋅D2,Vu≈ω1⋅D,
M

1 R ≈
=λ⋅ρ⋅ω2

D , odit
n n 1⋅ D5. (4.16)

Impeller pressure
ωH=nn ⋅(V
g

u2n⋅R2n−V u2n-1( )⋅R (4.17)2(n-1)).

Frictional losses
W2

Htr n=ζn⋅
cp n Vm

2

=ζ
g

whereζn≈0.16 is the coefficient of friction 
resistance, Wcp n– relative (along the blade) 

speed. Losses per hit

n⋅ . (4.18)
g⋅son2βcp n

W2
=ϕp⋅support=

2g
ϕ-

p⋅ -V
R -

-
-

2

Hudn ⋅ 2(n-1) −Vu1n , (4.19)
2g- u2n-1)( R1n

whereϕn=1 – loss ratio per hit.
During the design of the GDT according to the specified parameters of the initial 

characteristics, the geometric parameters are determined by the average stream, and then
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profile the blades from the inlet to the outlet (along the flow) and from 
the inner torus to the outer (across the flow).

4.5.2 Unstable modes of operation
Acceleration of the car.Neglecting the elasticity of the links and skidding in 

the mecha- gears, let's present a car with GDT in the form of a two-mass system 
for which the equations are valid

I1ω- (4.20)
(4.21)

proportion-

1=Me−M, n

I ω-2 2=MnK−Mc .
These equations cannot be solved analytically becauseM

heω1

n

andλ, a λ1 is a non-linear functionand=ω2/ω. Besides,1 1 Kis a non-linear

functionand.
Solving equations (4.20), (4.21) by the Runge-Kutta method under given

M=const ,Kandλpolynomials of the first degree of the forma+bx, - friendc 1 Me

th degree of appearancea+bx+cx2shows that the entire process of acceleration when 
starting from a standstill with a previously engaged gear and an instant increase in 
fuel supply to the maximum can be divided into three stages.

1. Acceleration of the engine shaft before the start of rotation of the turbine shaft. On this
stageω2= 0.

2. Acceleration to the zone withω-

hijacking) accelerationω- and

3. Acceleration atω-

babysitter (4.20), (4.21)

- At this stage (the stage of disordered 
development differ significantly.
stage of orderly acceleration. For him with equal

1and≈ω2

ω-1 2

–1and≈ω- 2

Me−Mn

MnK−Mc

I1,
I2i

= (4.22)

M+ c I1i
MeIMn =Me 2. (4.23)Ii+K1

I2

These features make it possible to apply a simplified method of calculating the 
initial acceleration phase of the car.

Engine braking.For analysis, you can use equations
(4.20), (4.21). The entire process of engine braking through the GDT with a 
sudden release of the fuel pedal can be divided into three stages.

1. Entering braking mode. Valueω- bigω- i.e1 2≈0,
fromt:Mn=A−B⋅t.ω2≈ω2n=const and can be accepted

2. Irregular braking. Valueω-
take a linear change Mn

and1 ω- substantially distinguish-2

sia, but the stage time is short.
3. Orderly braking. At this stageω- andfair relations1and≈ω- 2

learning (4.22), (4.23).
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These features make it possible to apply a simplified calculation method, 
eliminating the second stage.

According to experimental data [1], it was found that the shortest 
time to fully press or release the fuel pedal is about 0.1 s. However, the 
engine torque changes much more slowly. Tempo
dMe

date
dMTalmost three times smaller when switching to engine braking=
date

by HDT, than without HDT, and the amplitude of moment oscillations is 5 times 
smaller.

4.6 Features of operation of automatic gearboxes

Automatic transmissions perform gear shifting operations without the 
driver's participation. Power losses in an automatic transmission are 
significantly greater than in a mechanical one. However, this is compensated 
by the advantages associated with the possibility of maintaining the engine 
operation in the most economical mode. The automatic gearbox contains 
(Fig. 4.6):

– torque converter (always used in gearboxes
dacha of passenger cars; on trucks, of course, a Trilok-type design is 
used - with a centrifugal turbine): designed for starting from a 
standstill, increasing torque and absorbing torsional vibrations;

1 – drive shaft; 2 – locking clutch; 3 – torque converter; 4 – band brake;
5-11 – multi-disc clutches and brakes; 12-14 – free movement mechanisms;

15 and 16 – planetary mechanisms; 17 – driven shaft

Figure 4.6 – Diagram of a five-speed automatic gearbox
(ZF S HP 18)

– in the gearboxes of passenger cars (as a rule) and trucks
in these cars (always) the torque converter is supplemented with a locking 
clutch (joint box, clutch);

– several planetary mechanisms;
– multi-disc clutches with a hydraulic drive, disc or

band brakes (intended for switching without interrupting the power 
flow);

50



– free-wheeling mechanisms together with switching elements for op-
automatic gear shifting;

– a control system for selecting and smoothly shifting gears
according to the program set by the car driver (Table 4.1);

– engine-driven hydraulic pump: provides the pressure required
for the operation of switching elements, supplies fluid to the torque 
converter, provides lubrication and cooling of the gearbox.

4.6.1 Design options
Automatic transmissions installed on passenger cars have 3, 4 

(mainly) or 5 forward gears.

Table 4.1 – Gear shift diagram
Re-

cottage

Transmission element (Fig. 4.6) Transmission
numeric2 4 5 6 7 8 9 10 11

1 ○ ● ○ ● 3.67
2 ○ ● ● ● ● 2.00
3 ○ ● ● ● ● 1.41
4 ○ ● ● ● ● 1.00
5 ○ ● ● ● ● 0.74

Posterior

course
○ ● ● ● 4.10

●– enabled;○ – can be enabled

The range of mechanical conversion is between 3.0 (three-speed 
gearbox) and 5.0 (five-speed unit).

Automatic transmissions for trucks can have from 3 to 6 forward 
gears. The mechanical conversion range varies from 2 to 8. These 
gearboxes often have built-in hydrodynamic retarders, as well as a 
hydraulic pump, a large sump and a fluid cooler.

4.6.2 Electronic gearbox control system Control systems of 
automatic transmissions, in which only hydraulics are used, are 

beginning to be replaced by systems in which elements of electronics 
and hydraulics are combined (hydraulic drive is kept only in clutches). 
The advantages of using electronics include:

– the ability to install several different programs for switching
editor;

– great smoothness of switching on the transmission;
– flexibility and adaptability to different types of cars;
– application of simplified hydraulic control circuits and mechanical

no freewheeling.
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The measuring transducers of the system determine the load, the position of 
the gear shift lever, the position of the program switch and the "kick-down" 
mode, as well as the frequency of rotation of the engine shaft and the driven 
shaft of the gearbox. The control unit processes this data in accordance with the 
set program and produces transmission control signals.

Electrodynamic transducers form the link between the electronic 
and hydraulic circuits, while the solenoid valves actuate the clutches. At 
the same time, analog or digital pressure regulators are used.

Gear shifting control. When selecting the required gear, the system 
asks for data on the speed of the driven shaft of the gearbox and the 
engine before the corresponding solenoid valve is activated. The driver 
can select the necessary gear shifting program, for example, to ensure 
maximum fuel economy or maximum speed mode. You can also 
intervene in the gear shifting process at any time using the manual 
gear shift lever.

7
1 P

R
N
D
3
2
1 9

10
8

2
12

13
3
4

11

5

6
µC 14

1 – gear shift lever with positional shift; 2 – program switch; 3 – forced activation of 
a reduced gear ("kick-down"); 4 – turning angle sensor

throttle valve; 5 – engine torque (signalt);6 – rotation frequency
engine crankshaft (ignition signal); 7 – gearbox; 8 – driven shaft speed sensor 

(min); 9 – pressure regulator; 10 – solenoid valves;
11 – electronic control unit (ECU); 12 – failure indicator; 13 - decrease
engine torque by adjusting the ignition; 14 – diagnostic block

Figure 4.7 – Scheme of electronic control of the gearbox
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Intelligent gear shifting programs optimize car driving by 
supplementing standard gearbox control data with such auxiliary 
parameters as longitudinal and lateral acceleration, speed of movement 
of brake pedals and fuel supply. A sophisticated control program allows 
you to choose the appropriate gear both for the current driving 
conditions of the car and for the driving style. For example: Porsche 
Tiptronic (Fig. 4.8) is provided by the ZF 4 HP 22 gearbox, which works 
according to the intelligent gear shifting program. This system 
combines automatic and active individual driving modes.

In addition to the standard shift positions, the gearshift lever can 
switch to a second (parallel) logic circuit, in which a simple, light 
movement of the lever with a jerk is enough to immediately change 
gears (provided that the engine shaft speed is not exceeded).

Sensor data Position
throttle

flaps

Numeric
of revolutions

crankshaft

Speed
movement

car
Transverse

acceleration
car

Longitudinal
acceleration
car

Level Adaptation to gear shifting curves (lock-up gearbox and torque converter)
• Adding
data

• Filtration.
• Averaging.
• Definition
priorities

Coefficient
modulation
KM1-KM5,
KM -
averaged

Gearbox switching curves - hydraulic 
lines curves -
trainer from
block-
van-
dumb

SK5

1 SK4SK3
N
%

SK1 SK2

V

Short-term adjustment Special
functions

Prohibition ineffective
effective
throttle opening
dampers when switching
canni up (rest
one of the curves
gear shift)

Maintenance
transfers
(in accordance
to curves)

Active
way
switching.
Transition to
switching
by curve 5

Switching
up during
braking
with low
coefficient
clutch

2

Shift lever
gears

P
D

+ Switch up Computer security for 
prevention
excess frequency
motor shaft rotation

3
- Shift down

Figure 4.8 – Diagram of the Tiptronic gear shifting process

Blocking of the torque converter. A mechanical locking clutch can be 
used to increase the efficiency of the gearbox by eliminating slippage in 
the torque converter. The variables used to determine the torque 
converter lockout conditions are the engine load and the speed of the 
gearbox driven shaft.
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Switching quality control. The accuracy with which the pressure in the 
friction elements is regulated depending on the magnitude of the 
transmitted torque affects the quality of switching; this pressure is 
established with the help of a special regulator. The smoothness of gear 
shifting can be increased due to a short-term reduction in the output power 
of the engine during the gear shifting period.

Protective circles. They are designed to avoid damage to the 
gearbox due to driver error, while the system is activated by returning 
to the backup mode for faulty functions in the electrical circuit.

End controls. Such elements of electrohydraulic conversion as 
solenoid valves and pressure regulators provide communication 
between electronic circuits and hydraulic circuits.

4.7 Design and calculation of stepped gearboxes

Stepped gearboxes with gear wheels are most widely used in 
modern cars due to their simple construction and high efficiency.

The methodical sequence of designing and calculating stepped 
gearboxes is as follows.

1. Selection of the type and structural scheme of the gearbox.
2. Determination of wheelbase.
3. Selection of the number of gears, modules and numbers of gear teeth of different stages

not
4. Checking the static strength of gear teeth.
5. Checking the contact strength of gear teeth.
6. Calculation of gearbox shafts for strength and hardness.
7. Calculation of slotted joints.
8. Calculation of synchronizers (synchronizer).
9. Selection of gearbox bearings.

4.7.1 Selection of the type and structural scheme of the gearbox The 
choice is made taking into account the type and purpose of the designed car, 

as well as based on the analysis of modern and promising design solutions of 
similar mechanisms.

In the modern automobile industry, four-speed gearboxes are 
usually installed on especially small and small-volume passenger cars, 
four- or five-speed on medium-sized cars, and hydromechanical 
transmissions are used on high-class cars.

Trucks, especially those of small and medium capacity, in most 
cases have four-, five- and six-speed gearboxes. Trucks, especially those 
with a large carrying capacity, are usually equipped with a 
hydromechanical transmission.
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4.7.2 Determination of center distance
Determination of interaxial distanceAis carried out according to the empirical form-

tallow

A=a3Memax, (4.24)
whereMemax– maximum torque of the engine, N·m;
a– experimental coefficient depending on the type of car.
For trucks and buses at their basea=17...19.5; for

passenger carsa=14.5...16; for cars with diesel engines
a=20.5...21.5; for additional and distribution boxesa=17...21.5.

4.7.3 Selection of the number of gears and determination of gear ratios The selection of 
the number of gears and determination of gear ratios is carried out on the basis of traction 

calculation [8].
If the gear ratio is 7, then a box scheme with 4 stages is chosen, atiKI

= 6.6...10 – with 5 degrees; for heavy machines in which
iKI= 8.5...10, - with 6th, 8th and a large number of degrees.

Gear ratio of gears of permanent engagementisoftwareis roughly equal 
to the gear ratio of the first geari'I

isoftware≅i'I≅iKI,
whereiKI– gear ratio of the first gear.
The engagement module is determined by an empirical formula

(4.25)

2Acosβ
Z1(isoftware+1)

m= , (4.26)

whereZ1- the number of teeth of the driving gear (provided the teeth are cut Z1≥
13);
β– spiral angle of helical gears.
The normal coupling modulus calculated according to the dependence must be 

specified in accordance with GOST 9563.
The number of teeth of the gear of the first gear of the intermediate shaft is determined from the condition 

of operation of the teeth without undercutting.

2f
son2a

Zm-1≥Zmin= cosβ,2 (4.27)

wheref≤0.8 – tooth height factor;
a=20° – engagement angle;
β=20...30° – for trucks;
β=30...45° – for cars.
With spur gears of the first gearβ= 0°. The number of hex teeth the pitch 

of the first gear of the driven shaft is determined
Zm=Zm-1⋅i'i. (4.28)
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The direction of the helical line of teeth in all helical gears of the 
intermediate shaft must be the same.

After determining the number of gear teeth of the gearbox, it is necessary to specify the 
interaxial distance by selecting the angle of inclination of the teethβ.

m(Z1+Z2)
2 cosβ1−2

A= n m(Z3+Z4)
= . . . ,

2 cosβ3−4
= n (4.29)

wheremn– normal engagement module, mm.
The width of the teeth of spur gears is approximately equal

b=(4,4...7)mnmm, for helical gearsb=(7.0...8.6)mS.

4.7.4 Checking the static strength of gear teeth
Checking the static strength clarifies the correctness of the preliminary selection of the 

modulus value. The bending stress at the base of the teeth is calculated according to the 
following formulas:

for spur gears
P

bmy
σ=0.36 , (4.30)

for helical gears
P

bmny
σ=0.24 ,

wherePis the circumferential force during contact in the engagement pole, which

(4.31)

bleats

MP= , (4.32)
rD

whereMis the torque on the gear shaft, which is calculated, and is 
waiting forMemax;

rD– the radius of the dividing circle;

yis the coefficient of the tooth shape, which is chosen according to the tables or 
calculated for helical gears according to the given number of teeth.

Z
cos3βZPR= .

The width of the gear is determined empirically

(4.33)

b=(0.17...0.25)A.
Permissible stress for cemented and cyanidated steels, for spur 

gears of the first and second gear, reverse 350...850 MPa (8500 kgf/cm2

), smaller values   for passenger cars,
for gears III, IV, V gears 150...400 MPa (1500...4000 kgf/cm2).

The tooth shape factor for uncorrected spur and helical gears is 
determined according to the table. 4.2.
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If it is assumed to perform angular correction for the gears of the designed 
gearbox, then the valuey, taken from table4.2, it is worth remembering
live on the correction factorKa, the value of which is taken depending on
bearing from the engagement angle:

a° 15°
1.14

17°30'
1.07

22°30'
0.935

25°
0.875Ka

Table 4.2 – The value of the tooth shape factor
The number of teethZ

orZPR

Form factor
toothy

The number of teethZor Form factor
toothyZPR

16 0.101 28 0.117
17 0.102 30 0.120
18 0.104 32 0.123
19 0.105 35 0.128
20 0.106 37 0.131
21 0.108 40 0.136
22 0.110 45 0.142
24 0.112 50 0.145
26 0.114 60 0.150

When applying a high correction, the tabular values   of the coefficienty 
multiply by 1.14.

4.7.5 Checking the contact strength of gear teeth The check of 
contact strength serves for an approximate assessment of the 

durability of gear teeth and is based on the use of the Belyaev–Hertz 
dependence. For a pair of gears made of the same material, the contact 
compressive stress is determined by dependence

PE
sona⋅

-1 1 -σK= 0.418 cosβ + (4.34)
b co

-
sa--r1 r-- ,2-

wherer1andr2– radii of the initial circles of the leading and driven gears;
E– modulus of elasticity of the first kind, kgf/cm2;
Pis the circumferential force determined by the formula

i
P=softwareMP, (4.35)

r1
whereMP= 0.5Memax- calculation moment.
Permissible contact stress [σ] (Table 4.3). should be withinK

Table 4.3 – Values   of permissible contact stresses
Types of heat treatment Cemented

gears
Cyanized
gearsTransfer

First gear and reverse gear 1900...2000 950...1000
Constant engagement and higher gears 1300...1400 650...700
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After performing the calculation, it is recommended to summarize the main gear 
parameters (module, number of teeth, diameter of the initial circle, height of the head 
and leg of the tooth, engagement angle, correction method, angle of inclination of the 
teeth to the initial cylinder, calculated bending stresses and contact stresses) in a 
separate table.

Gearbox gears are made of alloy steels 25KhGT, 25KhGM, 18KhGT, 
30KhGT, 35Kh, 40Kh, 12KhN3A.

4.7.6 Calculation of gearbox shafts
The strength and stiffness calculation of shafts is used to check the 

strength and stiffness of predetermined shaft diameters and lengths.
The diameters of the shafts are chosen from the conditions of the greatest hardness. For intermediate 

and driven shafts

d≅0.45A, (4.36)
whereA– interaxial distance, mm. 
For the drive shaft

d=4.93Memax,
whereMemax– maximum torque, N mm. The diameter 
of the shafts can be determined from the ratios:

(4.37)

d
=0.16...0.18 – for driving and intermediate shafts,l

d
=0.18...0.21 – for the driven shaft.l

The oil level should be 35...45 mm above the axis of the intermediate shaft. 
The volume of the oil bath for the gearbox:

trucks
Q=(2.6÷3.3)⋅10-3Nem, l, (4.38)

passenger cars
Q=(0.92÷1.4)⋅10-3Nem, l, (4.39)

wherem– the number of all gears in the gearbox;
Ne– engine power, kW.
The strength of the gearbox shafts is checked under the joint action of torsion 

and bending. The material for the shafts is steel 25ХГМ, 35Х, 40Х.
With known force loads on the shafts, the reactions of the shaft supports are 

determined starting from the secondary shaft. The calculation is performed for all 
stages of the gearbox. The reactions of the supports are determined using 
equilibrium equations for the spatial system of arbitrarily located forces [4].

The strength of the gearbox shafts is determined based on the torsional and 
bending deformation of the shafts. In fig. 4.9, 4.10 and 4.11 show the calculation 
schemes of the secondary, intermediate and primary shafts with helical gears.
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The forces acting in helical gearing are determined by the dependence
we:

district force
MX,
rX

P=X (4.40)

radial force
tgαX,R=X (4.41)

cosβX

axial force
QX=PXtgβX, (4.42)

whereMX– moment on the shaftH-th gear, due to the maximum 
torque of the engine.
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and)
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RCx

Maccording toRX

MfromRX

MfromQX

Mto

b)
Figure 4.9 – Calculation schemes of the secondary shaft with

helical gears

For all three shafts, it is recommended to submit two calculation schemes in 
the vertical and horizontal planes. According to the found value of the moments 
that bend the shaft in the verticalMcalland in horizontalMaccording toplanes,
the full bending moment is determined
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M=Mcall 2+Maccording to
2.

n (4.43)
According to the found value of bendingMwithand coolMtomoments, the 

equivalent moment is determined

ME= Mwith+M22
to. (4.44)

The equivalent bending stresses are determined by dependence
ME,
WI

σE=

whereWI– axial moment of resistance, 
see3. For a solid shaft

WI=0.1d3.
If there is a slotted cut on the shafts

(4.45)

πd4= in+BSh (dH+d ) (2dH−din

WI in )ZShd3, (4.46)
32dH

wheredHanddin– external and internal diameter of slots;
ZShandBSh– the number of slots and their width.
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Figure 4.10 - Calculation scheme of the intermediate shaft with
helical gears
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The equivalent stresses obtained according to dependence (4.44) 
should not exceed[σ]I=60...70 MPa (600...700 kgf/cm2).

When designing a gearbox with an intermediate shaft in the form of a 
block of gears, only its axis, which works on bending deformation, is 
calculated.

Deflections of shafts and angles of rotation of cross-sections are determined separately 
for acting forcesPX,RXand in the locations of the gears.

Total deflectionfand the angle of rotation of the sectionsQΣshould not 
exceed to touch[f]=0.13...0.15 mm at higher stages and[f]=0.15...0.25 mm below
whose degrees The maximum angles of rotation of the shaft sections should not 
exceed 0.2 mm.

RCx

B RC
A C

RAx

RBx

Maccording toRC

MfromRC

MfromQC

Maccording to[RCX]Mr

Mfrom[RCX]in

Mto
Figure 4.11 - Calculation scheme of the primary shaft with

helical gears

4.7.7 Calculation of spline joints of gears
The calculation of slotted joints is performed only for crumpling, because 

the cut of the slots is not observed in practice. The crumpling stress is 
determined by the formula:

8MK

ShlSh(dH−din)σ= max
2Sh , (4.47)

0.75Z 2
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whereMKmax– maximum torque on the calculated shaft; ZShandlSh– the 
number of slots and their working length; dHanddin– external and 
internal diameters of the slots.
The crumpling stresses calculated by formula (4.47) should not 

exceed 40 MPa (400 kgf/cm2).

4.7.8 Calculation of synchronizers
The calculation consists in the correctness of the preliminary selection of 

individual structural elements of the synchronizers. If the cones are not jammed, 
their angle should be greater than the friction angletgα≥µand is accepted
withina= 7...12°. The moment of friction on the cones is equal

P
sona

M=Tµr= µr, (4.48)

whereµis the coefficient of friction adopted in the calculationsµ=0.1...0.12;

P– the force acting on the synchronizer cones from the driver;
T– normal pressure on the cones;
ris the average radius of the cone.
The axial force required to equalize the rotation speeds of the shaft and 

gear is determined by the formula:
MsonaQ≥ . (4.49)

rµ
To prevent premature switching off of the transmission, the following ratio is 
necessary:

P1≥Qtgβ,
whereP1– circumferential force holding the locking pin in the deep

(4.50)

Mlazy, equal to the ratio;
r1

β- half of the angle at the top of the locking pin (angle of course is 
within 35...40° );

r1is the average radius of the blocking surfaces.
If the basic geometric parameters of the synchronizer are correctly 

selected, the condition must be fulfilled
M⋅rtgβ≤ . (4.51)
sonr1

4.7.9 Selection of gearbox bearings
The choice is based on ensuring the longevity of the bearings and is 

determined by the efficiency factor based on the average operating 
mode.

The coefficient of serviceability of the bearing is calculated according to the formula
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C=QKK⋅KE⋅Kτ(nh)
– coefficients characterizing the operating modes of

0.3,
3 E (4.52)

whereKK,KE,Kτ

bearing and take into account, respectively, the rotating ring, the influence of 
dynamic loads and temperature conditions. When calculating for stepped
gearboxes should be acceptedKK=KE=Kτ=1.0;

nE– equivalent number of revolutions of the bearing;
n– the estimated durability of the bearing. The 
equivalent load is determined by the formula

aQ= 1
100E β 3.331Q1

a+ 2β
0

2Q
1 0 2

3.33 an

100
+ . . +. βQ 3.33

n ,n (4.53)

wherea1,a2,...,an- the average operational duration of the use of different
number of stages of the gearbox, adopted according to table 4.4;

β1,β2,...,βnis the coefficient of the number of revolutions of the corresponding shaft on each

editors:

1 1 1
β1= , β

iKI
2= , . . . ,βn= ,

iKII iKn

Q1,Q2,...,Qn– combined reactions in the bearing at each gear, determined calculated 
by the formula:

Q1=R1+mA1,Q2=R2+mA2, ...,Qn=Rn+mAn,
whereR1,R2,...,Rn– radial reactions acting on the bearing;
m– coefficient of reduction of axial load to radial load (m=1.5);

A1,A2,...,An– axial loads acting on the bearing.

Table 4.4 – The average operational duration of the use of different 
stages of the gearbox (%)

Values   for different degrees
gearboxesTypes

cars I II III IV V VI VII VIII THEM H Z.h.
1
1

4
3

20
6

75
15Lightweight 0.375

1
0.6
0.5
0.4
0.3

3
1.8
1.5
0.8
0.5

14
7.6
5

1,2
1

82
20
10
2.6
1.8

79
23
6

4.4

Cargo and
buses 60

14
8

0.5
25
12

50
18 54

The same, with the addition

forge KP 0.2 0.4 0.8 1,2 2.4 5 8 12 20 50 0.5
Cars-
dump trucks

4
3

11
6

18
11

26
16

41
23 2.541
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The radial and axial load on the bearing is determined by the 
calculated moment on the primary shaft of the gearbox, taken equal to 
half of the maximum torque of the engine.

The value of the equivalent number of revolutions of the bearingnEdetermined by

based on average operating speeds (VE= 30... 35 km/h for trucks,VE=
35...40 km/h for passenger cars
cars and long-distance buses).

Estimated durability of the bearinghis determined by dependence
Lh=KP, (4.54)
VE

whereLKP– mileage of the car before overhaul, km.
The minimum service life of gearbox bearings should be 6000...7000 
hours.

Questions for self-control

1. What is a gearbox and what is its purpose?
2. List the main requirements for a gearbox.
3. How and by what features are gearboxes classified?
4. What are the types of step gearboxes? Rename them

weights and disadvantages.

5. On what types of cars and why are multi-shaft co-
gear making?

6. Describe the working process of a mechanical gearbox
country house

7. What do you know about the features of the working process of the planetary box
gears?

8. List and describe the features of the hydrotrans-
shaper

9. What are the features of automatic transmissions?
10. Name the sequence of construction and calculation of stepped

gearboxes.
11. How are gearbox bearings selected?
12. What is the sequence of calculation of gearbox shafts?
13. What are the features of the calculation of spline joints of gears?
14. What is a synchronizer and how is it calculated?
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5 CARDAN TRANSMISSION

Cardan transmission is designed to transfer torque from one unit to 
another if the axes of their shafts change their relative position or do not 
lie on the same straight line.

5.1 Requirements for cardan transmissions

1. Transmission of torque at all possible operating conditions
angular velocitiesωand anglesγbetween the axes of the shafts.

2. High efficiency even at significant anglesγ.
3. Minimal vibrations and noise.
4. Absence of significant axial forces and activations in compensating

junction assembling.

5.2 Classification of cardan gears

1. According to the design of the cardan transmission:

a) open or closed (inside the crankcase, pipe, etc.); b) single-
link or multi-link (with intermediate supports). 2. According to 
the design of cardan joints (hinge, joint, pivot):
a) unequal angular velocities (elasticγ< 3-5° and tough

γ<15-20° );
b) equal angular velocities (balls with dividing grooves

γ<32° , ball with a dividing leverγ<38° , camsγ<40° ).

5.3 Working process of cardan gears

5.3.1 Cardan joints
When transmitting rotary motion at an angle with the help of hinges, 

difficulties arise in ensuring uniform rotation of the shaft located after the 
hinge. From fig. 5.1,andit follows thatVA=ω1r1=ω2r2, and know-
what is the conditionω2=ω1feasible ifr2=r1. When turning shaft 1, for example, 
by 180°,r1andr2will decrease, but their equality must be preserved.
So, the point of contactANDshafts 1 and 2 should move along the bisector 
planeOO(ϕ1=ϕ2)when rotating the shafts.

This condition is not fulfilled in a rigid joint with unequal angular velocities 
(Fig. 5.1,b), because spikesAND1andIN1crosshairs 3 move in the planeAT1AT1, 
perpendicular to the shaft axis 1, a spikesAND2andIN2- in the plane AT2AT2,

perpendicular to the shaft axis 2.
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If shaft 1 turns to an anglea1, shaft 2 will return to the cornera2,
why?

tgα1=tgα2cosγ. (5.1)

and) b) AT1
AND1

ATATAT 2

AND
r r

ω1

1 1 AND2

ω ϕ1

AT

r1 ϕ 2
2 γ 1 IN2

IN1

r2

2
γ

ω2 AT2

AT
ω

γ/2AT1
2

Figure 5.1 - Diagrams of cardanic gear joints

Differentiating (5.1), we get
ω1date ω2date

cosa2
= cosγ

cosa1

and after transformations

ω
ωiK= 1= cosγ(1+ son2atg2γ).1 (5.2)

2
It follows from (5.2) thatω2≠ω1, and the unevenness coefficient (Fig. 

5.2,and)
ω 1

cosγ
1− cos2γ

cosγ
K=2man

x−ω2 min = − cosγ= (5.3)
ω1

atγ< 10° is small. Uneven rotation of the shaft can be converted into 
uniform, if you put the second hinge with a broken angleγ2=γ1the first
hinge, and the forks of the hinges of the unevenly rotating shaft must 
lie in the same plane. This rule is valid for any even number of hinges. 
With three hinges (Fig. 5.2,b)

cosγ1cosγ2= cosγ3, (5.4)
moreover, the cosines of the angles of those hinges whose forks are located in the same 
way are multiplied (1 and 2 in Fig. 5.2,b).

In fig. 5.3 shows the diagram of the forces acting on the forks and the hinge cross, without 
taking into account the efficiencyηK:

M1 M i
2R

P1= , P2 = 1K, (5.5)
2R
McosM1sona1tgγ a1⋅sonT=1 , T2 = 1 γ 1+ son2 a1tg2γ, (5.6)

2R 2R
1+ son2atg2γM1

2R
Q1 = P12+ T12 = 1 , Q 22=P2+T2 2 . (5.7)
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and) b)
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Figure 5.2 - Features of rotation of cardan shafts
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Figure 5.3 – Diagram of the forces acting on the forks and the hinge cross

Maximum valuesQ1 max,T1 max,P2 maxwill be ata1= 90° , a
Q2 max(<Q1 max)andT2 max(<T1 max)- ata1= 0°.

Moments: at the crossroadsM=2Q1R– steep, on the first fork M1= 2P
1R- cool andM1u=2T1R– flexible, on the second fork M2= 2P2R- cool andM
2u=2T2R- bending Reactive moment on

drive shaftM3=M2=M1=M1(iK−1)when changingiKduring rotation
according to equation (5.2). The intermediate shaft of a two-hinged cardan 
transmission does not have a reactive moment, ifγ2=γ1and the forks of its hinges are
harvest in one plane.

In addition, a pulsating torque occurs on shaft 2 (Fig. 5.3).
dω2≠0.
datedue to the fact that

dω2,
date

MI=ANDsq2 (5.8)
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whereANDsqis the moment of inertia of the shaft2.
2

Efficiency of cardan jointsηksh depends on the angleγand is equal to
1÷0.99 for a rigid hinge of unequal angular velocities at
γ=0...15°; 0.98 for hinges of equal angular velocities atγ= 25°.

5.3.2 Vibrations of cardan gears
Consider the condition of balance of forces∑Pn=0 rotating cardan shaft

(driveshaft), considering that its ends, which are installed in supports, do not have 
transverse movements. Centrifugal force

F=m(y+a)ω2

causes additional deflection in shearandcenter of gravity due to imbalance (m –mass of 
the shaft). The force is balanced by the elastic force of the shaft

EIp,
l3

P=cy

wherel –shaft length, cm;Ip– polar moment of inertia of the section, see4;with–

a coefficient that depends on the nature of the load and the type of supports.
From the conditionF=Rwe receive

maω2y= . (5.9)cEIp−mω2

l3
From (5.9)y=∞ , if the denominator is zero. So, the critical angle speed

cEIp.
Jr3

ωKP= (5.10)

πD4

64
πD2

4
γ
g

For a solid shaft with a diamD:Ip= , m= l . For shaft that

rests freely in the supports and is uniformly loaded along its length,c≈100 , for a 
shaft with engaged endsc≈20. Let's takec=100 and from (5.10) we obtain

D
l2

nKP=12⋅104 , (5.11)

whereDandlin m andγ = 7800 kg/m3for steel.
π
64

For tubular shaftIp= (D4 − d4) π(D2 − d2)γ, m= l
g

and
4

D2+d2

l2
nKP=12⋅104 . (5.12)

It is recommendednmax, which corresponds toVamaxand there are 20÷35% 
lower thannKP. However, damage to the cardan shaft and extension was 
observed gearbox in this case too. It turned out that it takes in fluctuations
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participation is not only the cardan shaft, but also the entire transmission and engine. At the same 
time, several resonant forms of oscillations are possible. In fig. 5.4 shows the dependence

_ f
ness of movementsf= , attributed to the disturbing force, from the frequency of

P
pouringnin Hz.

pointsBandWITHcorrespond to resonant oscillations of the power unit 
and cardan shaft, pointAND– resonant oscillation of only the cardan shaft 
with zero movement along the front and rear joints. mode ANDcorresponds 
to the equation (5.12), but modeINoccurs at lower frequencies.

Kapgiven shaft WITHsilty aggregate
30
20
10
0

Smaller tough andSt

IN
n, Hertz

80 100 120 140 AND 160 180
- 10
- 20

WITH

D
D

= 70 m m

m
- 30

= 76 m D = 82 mm

Figure 5.4 – Dependence of displacements attributed to the disturbing force,
from the frequency of oscillations

From fig. 5.4,   it can be seen that increasing the diameter of the cardan shaft 
really significantly shifts the pointAND, but does not practically affect the position of 
the pointB. Shift pointBis provided by increasing the rigidity of the power unit. Reco- 
is required to provide below the pointBapproximately on600 rpm
(10 Hz).

Nowadays, the calculation of vibration of the transmission and the power unit is usually 
carried out on the basis of the Michaelestad method with a number of clarified provisions and 
assumptions and with the use of a computer.

The folded cardan shaft is subject to dynamic balancing with the
capacity (15...25)·10 N·m, for cars with a carrying capacity below 5 t and 
100⋅104- with a load capacity of 5 tons and above, (10...20)10 N·m – for 
cars.

5.4 Design and calculation of cardan gears

When designing a cardan transmission, it is necessary to consistently 
solve such issues.

1. Selection of the type and structural scheme of the cardan transmission.
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2. Selection of the cross-section sizes of cardan shafts and verification of their strength
those.

3. Checking the selected sizes and cross-sections of shafts during critical operations
tach

4. Determination of shaft twisting angles.
5. Checking the strength of the forks and crosspieces of cardan joints, as well as

splined joints.
6. Selection of needle bearings of cardan joints.

5.4.1 Selection of the type and structural scheme of the cardan 
transmission The choice is made based on the type and purpose of the car's 

layout scheme, as well as on the basis of the analysis of the designs of similar 
mechanisms installed on the cars of the selected prototypes [2].

5.4.2 Selection of cross-section sizes of cardan shafts and their verification
strength

Lengthlcardan shaft depends on the layout scheme of the car mobile and 
the static angle of inclination of the cardan shaft. ExternalDnand internal herDin

the diameters of the cardan shaft pipe are selected from the structural not, and 
the thickness of the pipe wall is usually 1.8...3.5 mm.

The torsional stress in the dangerous section of the shaft during the 
transmission of the maximum torque is calculated by the formula:

16⋅K⋅ ⋅
τ= σMemaxDn⋅ikI⋅io⋅ip,

4 (5.13)
π⋅ (D4

whereKσis a coefficient that takes into account the influence of normal compressive stresses 

and bend in cardan transmission. In the calculations, it is accepted for passenger cars

n−Din)

mobilesKσ=2,0...3,0; for cargoKσ=1,5...2,0.
The splined shank of the cardan shaft is also subject to torsional 
calculation:

16⋅K⋅Memax⋅ikI⋅io⋅ip,
π⋅d3

τ= σ (5.14)

whered– the diameter of the shaft of the cardan shaft along the internal 
slots. Permissible cardan shaft stresses are 200...250 MPa (2000...2500 

kgf/cm2).

5.4.3 Checking the selected sizes and cross-sections of the shafts in case of critical ones
revolutions

In the designs of modern cars, cardan transmissions of the open type have 
become predominant. The critical number of revolutions of such a cardan shaft 
is determined by the formula:

D2+D2

L
n=12⋅106⋅ n in,

Cr (5.15)
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whereL- the working length of the cardan shaft, cm.
The margin at the critical number of revolutions for cardan shafts lying freely in 

the supports is equal to:
nCr=1.2...2.0;

nmax
wherenmaxis the maximum number of revolutions of the corresponding cardan shaft

the maximum speed of the car.
If there is a suspension bearing in the cardan transmission, only the main shaft 

can be calculated for the critical number of revolutions, because its length is longer.

5.4.4 Determination of twisting angles
Determination of twisting angles is performed only for long shafts according 

to the dependence:
180
π

32⋅Memax⋅i ⋅a
θ= ⋅ tr

4 , (5.16)
G⋅ (D4n−Din)

whereitr– gear ratio of the car transmission.
The allowable turning angle for modern cars is 3...9 in a lower gear° 

per one meter of shaft length. Cardan shafts are pressed from steels 15 
and 20.

5.4.5 Checking the strength of the forks and crosspieces of cardan shaft hinges
the editor

The check is performed at maximum torque, with the first gear of 
the gearbox engaged. The calculation scheme of the cardan fork is 
shown in Fig. 5.5. The cardan shaft fork is designed for bending and 
torsional deformation in the dangerous sectionN−N.

Bending moment in dangerous section
Mthere aremax⋅itM=

torque in the dangerous section

p ⋅ l
and , (5.17)

2⋅r

Mthere aremax⋅it
M= p ⋅ with

to . (5.18)
2⋅r

Moment of resistance of the fork 
section: axial

b⋅h2

6
Wu= , (5.19)

polar
Wp=a⋅b2⋅h, (5.20)

wherea– coefficient depending on the ratio of the sides of the cross section of the 
fork, taken according to the table. 5.1.
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If the cross-section of the cardan fork has an oval shape, then the moments 
of resistance are determined by dependencies: axialWu=0.1⋅b⋅h2, polar

Wb=0.2⋅b2⋅h.

Table 5.1 - Value of the coefficienta
h/b 1.0 1.5 1.75 2.0 2.5 3.0 4 10
a 0.208 0.231 0.239 0.246 0.258 0.267 0.282 0.312

The bending and torsional stress in the cross section of the fork of the 
cardan joint is determined according to known dependencies

M
Wu

Mto.
Wpσu= u ; τCr= (5.21)

If the simultaneous action of bending and torque moments is taken 
into account, then the equivalent stress equal to

σ=σ2 u+4⋅τ2θ Cr. (5.22)

O
N

N
Figure 5.5 – Calculation diagram of the cardan fork

Working stresses should not exceed 150...200 MPa (1500...2000 kgf/
cm2). Forks are made of steels 35, 40, 45 and alloyed steels 30X, 35X.

The splines of the cardan shaft fork and the splined shank are calculated for 
cut and crumple according to a method similar to the calculation of the splines 
of the clutch shaft, however, the value is taken as the calculated moment

t. The permissible shear stress should be taken as equal30 MPaMemax⋅ip
(300 kgf/cm2), and crumpling - 65 MPa (650 kgf/cm2).

The spike of the gimbal crosshead is designed for shear deformation, bending and 
crumpling. The circumferential force acting on the spike of the cross (Fig. 5.6),
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Mthere aremax⋅itrPsh= , (5.23)
2⋅r⋅cosγ0

whereγ0– the angle of inclination of the cardan shaft on a stationary 
car with a full payload in the body; ifγ0< 10°, then the value of cosγ0

is close to unity.

d

Psh

Figure 5.6 – Calculation scheme of the gimbal cross

Bending, shearing and crumpling stresses caused by forcePsh, determines are 
based on dependencies

Psh⋅and

0.1⋅d3
σu= , (5.24)

4⋅Psh,
π⋅d2

τ= (5.25)

Psh .

2⋅and⋅d
σem= (5.26)

5.4.6 Selection of needle bearings of cardan joints
The choice consists in determining the permissible radial load on the 

bearing, the size of which determines the parameters of the bearings from the 
catalog.

Z⋅l⋅δPadd=790 , (5.27)
3nn

whereZ– the number of rollers (needles) of the 
bearing; l– working length of the roller, cm; δ– 
roller diameter, cm;
nn– conditional number of revolutions of the bearing in minutes, determined by the maximum by the 

small value of the angular speed of rotation of the crosshead depending on the dependence

nn=m⋅tg⋅γ0, (5.28)n
itr
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wherenm– number of revolutions of the crankshaft of the engine at 
minimum torque

The durability of the bearing significantly depends on the crumpling 
stresses, which are determined by the average operational loading modes of 
the transmission

MeEK,σsee= (5.29)
2⋅r⋅d⋅l

whereMeEKis the average operating torque transmitted transmission 
and adopted depending on the value of the ratio Ga/Memax. IfGa/Memax> 
3.3; thenMCD=Mthere aremax; atGa/Memax< 3.3 magnitudeMCDis taken as a 
percentage ofMemaxaccording to the schedule (Fig. 5.7).

Mand max

85

65

45

0.7 0.9 1.3 1.5 1.9 2,3Ga/Mand max

Figure 5.7 – Graph for determining the average operating profit
of the car's transmission mode

The working stresses of crumpling, determined by dependence 
(5.29), should not exceed the permissible values, the values   of which 
are accepted for trucks and buses of 8 MPa (80 kgf/cm2) and cars 6 MPa 
(60 kgf/cm2).

Questions for self-control

1. Purpose of cardan gears and cardan joints.
2. According to what features are cardan transmissions classified?
3. Requirements for cardan gears.
4. What is the critical frequency of rotation of the cardan shaft?
5. What parts and what loads are calculated in the cardan transmission

what?
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6 MAIN GEAR

The main gear is designed to increase the torque and reduce the 
speed of rotation to the values   required for the driving wheels, as well as 
to transmit rotational movement at an angle.

In passenger cars, the main transmission in most cases consists of 
the leading and driven gears, hepoid (with the engine longitudinally 
located) or cylindrical (with the engine transversely located). The main 
gear ratio is usually in the range between 2.2:1 and 5.0:1 for the makes 
of cars produced.

On trucks, it is rarely possible to achieve the required values   of 
transmission ratios with the help of a single unit consisting of a gear 
wheel and a gear; for this purpose, more complex main gears are used: 
single (up toi0= 7 ); double central with leading six-
a thorn located in front or above; two-speed (i0= 9 ); double
spaced (wheel gearbox with cylindrical gears); double spaced with a 
planetary wheel gearbox.

The use of spaced main gears with wheel and on-board gearboxes 
(including planetary ones) makes it possible to reduce the dimensions 
of the main gear and half-axle shafts, and, accordingly, to increase the 
road clearance (road clearance), which can be quite large even in the 
case of using high-power layout schemes.

6.1 Requirements for main transmissions

1. Ensuring high traction and dynamic qualities and fuel eco-
nomics

2. High efficiency.
3. Low level of vibrations and noise.
4. Minimum dimensions in relation to the height from the center line: down - to ensure

burning road clearance, upwards - to lower the floor level.
5. Placement of the through shaft in the main gear of the middle bridge

for driving the rear axle. This allows you to avoid the use of a transfer 
box and simplify the cardan transmission in cars with wheel formula 6x
4.

6.2 Classification of main gears

1. According to the layout: a) separately from the gearbox, namely: in the driving
bridge or in the form of on-board gears and wheel reducers; b) in one 
unit with a gearbox or power unit.
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2. By type of transmission: chain, worm, gear (cylindrical, co-
night, hepoid), combined.

3. By the number of pairs of engagements: a) single (cylindrical, conical, hepoid,
worms); b) double central (flat or angular) or spaced.

6.3 Working process of main gears

The working process of the main gear is similar to the working process of 
the gearbox when the gear is engaged. However, unlike cylindrical gears, the 
axial shift of bevel gears breaks the engagement. This circumstance, as well 
as significantly greater loads with small dimensions, require the use of, in 
addition to increasing the rigidity of the crankcase, special measures that 
increase the rigidity of the structure:

a) conical radial thrust bearings with preload
f0= 0.02 + 0.04 mm, which reduces the axial deformation and the total load

sion on bearings;
b) a stop, fixed on the crankcase, for the driven bevel gear, which 

reduces its deformations under heavy loads at low gears;
c) a third bearing is placed at the apex of the cone of the driving gear, in 

addition to the cantilever installation of the gear.
Damage to the teeth from fatigue usually has the appearance of "smallpox-

like wear" (pitting) on   the lateral surfaces. The reduction of wear is ensured by 
increasing the rigidity of the structure (deflections of no more than 0.075 mm 
and only 0.25 mm push-off of the driven gear are allowed), the accuracy of the 
tooth profile, and the quality of the tooth surface. The same measures also 
reduce engagement noise. However, the errors that are the cause of the 
increased noise are usually tiny compared to the errors that were the cause of 
the increased wear.

The load on the leading bevel gear (Fig. 6.1), expressed in terms of the 
total forceR, decompose into three mutually perpendicular forcesP1,N1,
S1:

M1;district forceP=1
rcp1

-tgα⋅tgδaxial forceQ=N1sonδ-Scosδ=P⋅tgβ⋅cosδ1-- 1 1 -
-1-- ;1 1 1 1 1 1

- sonβ1 -

±tgδ1-- .-tgαradial forceR=Ncosδ 1
1 1 1±S1sonδ1=P1⋅tgβ1⋅cosδ1--

-cosβ1

-
-

The sign in parentheses corresponds to the direction of the force from the apex of the cone to the 

base.

Axial forceQ1, directed to the base of the cone, makes it impossible to invoke
gears whirring. Therefore, of course, the drive gears are on the left (view from

76



the top of the cone) spiral, which allows you to avoid jamming when 
moving forward.

S1
δ1 N1 r1

P2

P1

P
a

β1

Figure 6.1 – Load on the leading bevel gear

Load on the driven bevel gear(a1=a2,β1=β2): district powerP2= 
−P1; axial forceQ2= −R1; radial forceR2= −Q1.

Load on the driven hepoid gear(a1=a2,β1≠β2):
cosβdistrict forceP= −P 2

1 ;
cosβ1

2

-tgα tgδ= −P⋅tgβ2⋅cosδ2--axial forceQ2 2 2 -
-- ;2 -1

- sonβ2 -
-tgα

= −P2tgβ2cosδ2--radial forceR2 2 -±tgδ
- cosβ2

2-- .
-

Let's consider the features of single main gears (tables 6.1, 6.2).

Table 6.1 – Design features
Transfers Worms Hepoid Conical oblique teeth

1 2 3 4
1 Increased dimensions due 

to the driven gearSmall dimensions and weight Moderate dimensions

2 Almost any
value

D2n0⋅cosβ2

⋅ cosβ1

D2n

D1n0

Z2

Z1
i0= i 0 <8, that

D1n0
0= =

Zi0=k it is not always possible due 
to the size and rigidity of 
the driven gear

Zr
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Continuation of the table. 6.1
3 Possible upper or

bottom location
worm and passage
drive shaft

Possible increase to
of the vaginal lumen or
lowering the floor level, as 
well as placement of the 
through shaft

The axes of the gears intersect, 
which does not allow placing 
the through shaft

Note.Zk– the number of teeth of the worm wheel,Zris the number of steps taken by the worm,Dn
0is the diameter of the initial circle,β– spiral angle (β1≈45

thorn).
0,β 0

2 =25 for hepoid six-

Table 6.2 - Features of the work process
Transfers Worms Hepoid Conical oblique teeth

1 High smoothness for
traction, low noise
ness

Good grip smoothness
quietness, little noise

Good engagement 
smoothness, moderate noise

2 Significant longitudinal
teeth slippage, efficiency
0.90-0.94

Efficiency 0.96-0.98 High efficiency of 0.98

3 Low pressure in the contact of 

the teeth

Moderate pressures 
and axial loads

Large axial loads

4 Reduced requirements for

manufacturing accuracy
Moderate requirements for 
accuracy and surface 
cleanliness

Increased requirements for the 
accuracy of manufacturing gears 
and crankcases

Double main gears are used: a) if specifiedi0can't
implement in one pair of gears; b) if the driven gear is excessively large; 
c) to increase the road clearance or lower the floor level; d) to reduce 
loads on the differential and half-axle (spaced double main gear).

6.4 Design and calculation of the main transmission

When designing the main gear, it is recommended to specify the 
gear ratio of the main geari0, defined earlier in traction-dynamic
calculation of the car. The clarification comes down to the selection of the 
numbers of teeth of the gears of the main gear. The choice of teeth must 
be made based on the existing designs of the main gears, which are 
similar in type and purpose to cars. The smallest number of gear teeth 
(smaller gear wheel of a pair) is selected depending on the gear ratio of 
the main gear (Table 6.3).

Table 6.3 – Dependence of the smallest number of gear teeth on the 
gear ratio of the main gear

i0 2.5 3 4 5 6...8

Zshmin 15 12 9 7 6
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The number of teeth of the wheelZto=i0⋅Zsh. ChoosingZshandZtofor a conical pair,
it is impossible to allow their multiple connections to avoid increased 
wear of gear teeth.

The spiral direction of the gear teeth for bevel gears is left; for hepoid 
gears – left at lower displacement and right – at upper displacement. For a 
conical pair, the end modulemsin the basis of division-
th cone can be approximately determined by dependence

, mm2⋅Zms= (6.1)
Z2sh+Z2 to

whereZis the length of the generating cone of the dividing cone, roughly determined from

(6.2)Z=A⋅3Memax⋅ikI,
whereA– empirical coefficient. For truck bevel gears mobilesA=30, 

for hepoid transmissions of passenger carsA=25;
Memax– maximum engine torque, kg∙m;
ikI– gear ratio of the first gear of the gearbox.
The obtained values   of the module should be compared with the data 

for similar main gears of cars and, if necessary, clarified.
Width of toothed crownb≈0.3⋅Z.
End module in the middle section of the tooth

-mwith cp=ms-1−
b -

2⋅Z-
- , mm (6.3)

-
Average radius:

gears
mwith cp⋅Z

RUSSR=
sh, (6.4)

2
wheels

m
RKss = s c⋅Zto.

2
Normal modulus and normal pitch in the middle section

mnss=mwith sp⋅cosβg,
tnss=π⋅mnss, (6.5)

whereβgis the angle of the spiral in the middle sectionβg≈ 35...45º. Spiral 

angleβgis determined taking into account the overlap of the teeth:

ε⋅tnsr,
k⋅b

tgβg=

whereε– tooth overlap ratio,ε= 1.25...1.5;
bkis a ratio-dependent coefficient b

Z
[5]. For = 0.3

Z
k=1.18.
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The value of the normal modulus pre-selected according to dependence 
(6.5), rounded to the nearest value provided by GOST 9563, is refined taking into 
account the bending stresses acting at the base of the tooth.

Checking the static strength of gear teeth is performed based on 
the maximum torque transmitted by the main gear.

The bending stress of gear teeth is determined by the following dependence
thu:

3⋅M
y⋅R0⋅tn⋅Z⋅ (1−λ3)

σ= , N/m2 (6.6)

whereM– calculated moment, N∙m (for gearsMsh=andkI⋅Mthere aremax, for 
the wheelMto=andkI⋅i0⋅Memax);

m⋅Z
2R0– the radius of the base of the dividing cone, m:R0= s ;

λ– tooth length factor: for a 
conical pair

bλsh=λto=AND− ,
Z

for a hepoid pair
bsh,λto=AND−
Zsh

b
Zto

λ=AND− to;
sh

tn– normal step at the base of the dividing cone, m:
tn=π⋅ms⋅cosβg; (6.7)

y– tooth shape factor (valueyis taken from the tables for given 
number of teethZAve)

Z
cosϕ⋅cos3βg

ZAve= , (6.8)

whereϕis the angle of the generating dividing cone.

Table 6.4 gives the reference values   of the allowable bending stresses of 
the teeth of some gears.

Table 6.4 – Allowable stress values   for heat-treated (cemented) alloy 
steel gears

Transmission type Conical Hepoid
The location of the presenter
gears

between

supports
between

supportsconsole console

Permissible stress, MPa 450 550 520 620

Contact stresses in the engagement of gear teeth and wheel

2⋅R⋅THERE ARE- 1 1 -+ -- ,σto=0.418⋅ (6.9)-
b⋅son 2a--ρyes ρec-
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whereρeis the equivalent radius of curvature of the gear tooth profile, wheel in the 

engagement strip, see:

Rsh.Wed Rto.Wed

ρyes = , ρ =
sos2⋅βgsh⋅cosϕ ec ,2

sh sos ⋅ βgk⋅cosϕto

wherea– engagement angle;

R– circumferential force (R=
Mp

) ;
Rsh.Wed

Mp– calculated moment (Mp=andkI⋅Mthere are ).max
Permissible contact stress in engagement[σ]to=700...900 MPa

(7000...9000 kg/cm2).
When designing hepoid main gears, the angles of inclination of the 

helical line of the drive teethβgshand conductedβgkgears at the same angle of
clutches are different in size; for automotive hepoid transmissions
cosβgsh=1.3...1.5. The minimum number of teeth of the driving gear of the hepoid 

cosβgk

the main gear for trucks is 5, and for cars - 9.
Spiral angleβgshgears are selected depending on the number of teeth

Zsh(tab.6.5).

Table 6.5 – Dependence of the gear spiral angle on the number of its teeth

Zsh 6-13 14-15 16 and over

βgsh 50 45 40

BiasTHERE AREthe axis of the gear must be within the range, mm:
E≤AEDapprox, (6.11)

whereANDTHERE ARE– coefficient of relative sizes;
Dapprox– diameter of the base of the dividing cone of the wheel, mm:

Dapprox=ANDe⋅

whereANDeis an empirical coefficient corresponding to the calculated moment
Mp, calculated according to the driving wheel coupling conditions:

3Mp, (6.12)

Mp=m2⋅G2⋅ϕ, kg∙ see
CoefficientsANDTHERE ARE,ANDe, andϕdetermined according to the table6.6.

Table 6.6 – Values   of coefficientsANDTHERE ARE,ANDe, andϕ
Odds / Cars Lightweight Cargo

ANDTHERE ARE 0.2
6.65
0.65

0.125
5.8...6.6

0.85
ANDe

ϕ
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Wheel calculation
Width of toothed crownbtoalong the derivative of the dividing cone

bto= (0.125...0.167)⋅Dapprox. (6.13)
End modulemSkat the base of the dividing cone

Dapprox.m=Sk (6.14)
Zto

Average radiusRto Wedwheels

Dapprox−bto⋅sonϕto,

2Rto Wed = (6.15)

whereϕtois the angle of the generating dividing cone of the hepoid gear wheel, equiv.

valence according to the gear ratio of the conical pair tgϕ .to=i0

Angleϕto′ of the tangent in the engagement stripR

tgϕto,
cosa0

tgϕ′ = (6.16)to

wherea– the difference in the spiral angles of the gears0

Esona0= . (6.17)
Rto Wed

The spiral angle of the teeth of the wheels

βgk=βgsh−a0.
Average normal modulusmn avand a normal steptnsr

2⋅Rto Wed⋅cosβ,
Ztomn av = gk tn av=mn av⋅π. (6.18)

Gear calculation
The angle of the generating pitch cone of the gearϕsh=90 −ϕsh ′ , at the same time

ϕsh+ϕto<90º.
Average gear radius

mn av⋅Zsh.
RUSSR= (6.19)

2⋅cosβgsh

Widthbshtoothed crown on the working of the dividing wheel

R2−E2ok − Rkmin−E
2

b=sh , (6.20)
cosϕsh

D
2whereR=approx,RKmin= 2⋅Rcr−Rapprox.ok

End module at the base of the dividing cone
mnss b+ sh⋅sonϕ

Z sh.
sh

mssh= (6.21)
cosβgsh
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Radius of the base of the dividing cone of the gear

mssh⋅Zsh.
2Rosh=

The length of the creativeZshdividing cone

Rok.Z=sh (6.22)
sonϕsh

At checks performed calculations necessary that
bsh≈(0.2...0.3)⋅Zsh.

The calculation of hepoid gears for strength and durability is similar to 
the calculation of bevel gears.

For a double main gear, the total gear ratio
Z2⋅Z4,
Z1⋅Z3

i=0

whereZ1andZ2– the number of teeth of the leading and driven bevel gears;

Z3andZ4– the number of teeth of the leading and driven cylindrical gears.
The selection of the number of teeth should be carried out based on the 

existing designs of the main gears, which are similar in type and purpose of cars.

In order to relieve from the axial forces of the bearings of the 
intermediate shaft of the double main gear, the direction of the helical line of 
the teeth of the driving cylindrical gear is selected so that the direction of the 
axial force from this gear is opposite to the axial force from the driven bevel 
gear.

The selection of the module and the check of the static strength of the 
cylindrical gears of the double main transmission, as well as the assessment of their 
durability, are carried out in accordance with the main provisions of the 
methodology outlined for the gears of stepped gearboxes.

The calculation of the shafts of the main gear consists in checking their 
static strength under a complex load transmitted by torque and the action 
of bending moments in the vertical and horizontal planes from the forces 
that arise in gear engagements.

For helical-bevel gears, the circumferential, radial, and axial forces 
acting on the teeth and in engagement are determined by the following 
formulas:

M
P=P1= emax

RUSSR

⋅ i
P= tr

2 , (6.23)

-tgα⋅cosϕ -
R1=Q2=P- - − tgβ (6.24)

-

P-

cosβg
g ⋅ sonϕ- ,--

-tgα⋅cosϕ ----
Q1= R2= + tgβg⋅cosϕ , (6.25)-- cosβg
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whereP1,R1,Q1– circumferential, radial and axial forces acting, respectively
on the tooth of the driving gear;

P2,R2,Q2- the same forces that act on the tooth of the driven gear.
Dependencies (6.23), (6.24) and (6.25) are valid for the case when the direction of 

rotation of the driving gear is opposite to the direction of the angles of inclination of the 
helical line of its teeth. If the direction is opposite to the specified one, then in the 
dependencies (6.24) and (6.25) the signs before the second term should be changed to the 
opposite.

In a hepoid pair of gears, the radial and axial forces are determined by the 
dependencies:

P
cosβR1= (tgacosϕsh+sonβsonϕsh),gsh (6.26)

gsh
P
βR2= (tgacosϕto−sonβgksonϕ)

cos to, (6.27)
gk

P
cosβ

Q1= (tgacosϕ−sonβcosϕsh),sh gsh (6.28)
gsh

P
cosβQ2= (tgasonϕto+sonβgkcosϕ).to (6.29)

gk
Dependencies (6.26), (6.27), (6.28) and (6.29) are given for the case when the 

direction of the angle of inclination of the helical line of the teeth coincides with the 
direction of rotation of the gears. If the direction is reversed, before the second term in 
the dependencies given above, the sign should be changed to the opposite.

If the calculation is performed for a double main gear, the forces 
acting in the cylindrical pair are determined.

Calculation formulas for determining the forces in helical cylindrical 
gears are given in Chapter 4.

The driving and intermediate shaft of the double main gear are subject to 
strength calculations. For this purpose, the reactions of the shaft supports are 
determined, followed by the construction of curves of bending moments in the 
vertical and horizontal planes. When determining the forces acting on the shafts, 
focus is on the maximum loading mode of the transmission (maximum torque of 
the engine when the first gear of the gearbox is engaged).

According to the known value of the moments that bend the shaft in the verticalMcalland

horizontalMaccording toplanes, the full bending moment is determined

M= (Mwith call)2+ (Maccording to)2. (6.30)
The equivalent moment acting on the shaft, taking into account the influence of the 

bending moment,

Mthere are= (Mwith)2+ (MCr) 2. (6.31)

84



Working stresses in the dangerous cross-section of the shaft are determined by 
dependence

Mthere are ,

0.1⋅d3
σthere are= (6.32)

whered– the diameter of the shaft in the dangerous section.

Working stresses in dangerous sections of shafts should not exceed 
the permissible level of 300 MPa.

To increase the rigidity of the drive bevel gear shaft, it is placed on three 
supports, and sometimes on four, on a number of car models. In this case, the 
two front bearings are installed in the crankcase and on the shaft with 
pretension. Since with such a design, the high stiffness and strength of the shaft 
are provided structurally, its calculation is not carried out, and the dimensions of 
the sections and the shape of the shaft are determined in accordance with the 
designs of similar main gears.

The splines of the main gear shafts are calculated according to a method 
similar to the calculation of the splines of the clutch and gearbox. When 
calculating the drive shaft of the main gear, the calculated moment should be 
taken as equal to the maximum torque of the engine when the first gear of 
the gearbox is engaged.

Recently, single hepoid main drives of driving bridges instead of 
double ones have become widespread. This is explained by the general 
tendency to reduce the gear ratio of the driving bridge and, therefore, the 
possibility of using a single main gear, the advantages of which compared 
to a double main gear are the simplicity of the design, higher efficiency, 
and a significant reduction in metal consumption.

Questions for self-control

1. What is the main gear and what is its purpose?
2. By what features are the main gears classified, on which the automobile

where are they used?
3. What are the requirements for the main gears and what constructive measures

are they performed?
4. What are the features of the work process of the main transmission?
5. What are the advantages of the hepoid main gear that provide it

widely used on cars?
6. What adjustments and why are they performed in the main transmission?
7. What is the sequence of designing and calculating the main transmission.
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DIFFERENTIAL

A differential is a transmission mechanism designed to distribute 
engine torque between the drive wheels and drive axles of the car. The 
differential serves to provide the drive wheels with different rotation 
speeds when the car is moving on turns or over bumps.

The different speed of rotation of the drive wheels, which travel a different path on 
turns and uneven roads, is necessary for their rolling without slipping and skidding. 
Otherwise, the vehicle's resistance to movement will increase, fuel consumption and tire 
wear will increase.

7.1 Requirements for differentials

1. Distribution of torque between the output shafts in the specified co-
ratios (distribution proportional to hitch weight provides increased 
passability).

2. High efficiency and small dimensions.
3. Ensuring good stability (without skidding) when driving on turns and

on uneven roads, as well as (for locked differentials) high traction 
properties when driving off-road.

7.2 Classification of differentials

Depending on the type and purpose of cars, different types of differentials are 
used on them, which are divided as follows:

1. By destination (location): inter-wheel, inter-axle, inter-
starfish, etc. d.;

2. According to the ratio of moments on the output shafts: symmetrical and bearing
metric;

3. By type of transmission: gears with cylindrical or conical gears
worms, worm, cam, etc. d.;

4. According to the possibility of blocking: unblocked and blocked with forced
locking or self-locking (partially or completely).

The differential, which distributes the torque of the engine between 
the driving wheels of the car, is called interwheel. The differential, which 
distributes the engine torque between the driving axles of the car, is 
called interaxle. Conical differentials, symmetric and low-friction, are 
used on most cars.

A symmetrical differential distributes the torque equally. Its gear ratio is 
equal to one, i.e. the gears of the semi-axes3and4(rice.7.1,and, b) have the 
same diameter and the same number of teeth. Such differentials are usually 
used as inter-wheel differentials.
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and,b -symmetrical;in,d -asymmetrical;1 –corps;2 –satellite;3, 4 –gears

Figure 7.1 – Gear differentials

An asymmetrical differential distributes torque unevenly. Its gear ratio is 
not equal to one, but constant, that is, the gears of the semi-axes3and4(rice.
7.1,in,Mr) have different diameters and a different number of teeth. 
Asymmetric differentials are usually used as interaxle differentials, when it is 
necessary to distribute the torque in proportion to the loads on the driving 
axles.

Cam differentials can be with horizontal (Fig. 7.2,and) or radial (Fig. 7.2,b) by the 
arrangement of crackers. Crackers3placed in one or two rows in the holes of the clip
2of the body1of the differential between the star cams of the semi-axes4and5, 
which are installed on the slots of the half-axes. Crackers in the differential play the 
role of satellites.

1 –corps;2 –clip;3 –rusk;4, 5 –asterisks;6, 8 –worms;
7 –satellites; 9, 10 –gears

Figure 7.2 - Cam (and,b) and worm (in,Mr) differentials

When the car is moving in a straight line on a flat road, the nuts are 
stationary relative to the clamps and sprockets of the half-axles. All parts of 
the differential rotate as one, and both drive wheels of the car rotate at the 
same speed.

When the car is moving on a turn or on an uneven road, the breadcrumbs move 
in the holes of the clips and provide the drive wheels with different speeds of 
rotation without slipping and skidding.

Cam differentials are high-friction differentials that increase the 
total traction force on the driving wheels of the car by 10-15%, which 
helps to increase the traction properties and passability of the car. Cam 
differentials are relatively simple in design and have a small mass. They 
are widely used on cars with increased and high traffic.
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Worm differentials can be with satellites or without satellites. In the 
wormhole with satellites (Fig. 7.2,in) torque from the body1dif- rential 
through worm satellites7and worms6and8transmitted by worms gears9
and10semi-axes, which are installed in the slots of the semi-axes 
connected to the car tires.

When the car is moving in a straight line on a flat road, the body, satellites, 
worms and gears of the half-axles rotate as a single unit. When the car moves on 
a turn and on uneven roads, the different speed of rotation of the driving wheels 
is provided due to the relative rotation of the satellites, worms and gears of the 
half-axles.

In the worm differential without satellites (Fig. 7.2,Mr) worm gears9
and10semi-axes are engaged with worms6and8, which are also 
interlocked with each other. The torque from the case 1 of the differential 
is transmitted to the gears9and10semi-axes through worms6and8.

Worm differentials have significant internal friction, which increases 
the total traction force on the drive wheels by 10-15%. This contributes 
to increasing the traction properties and passability of the car. 
However, worm differentials are the most complex in design. They are 
the most expensive of all differentials, since their satellites and half-axle 
gears are made of tin bronze. In this regard, currently worm 
differentials are used very rarely on cars.

7.3 Working process of the differential

The automobile differential is a three-link planetary mechanism for which 
the dependencies given in subsection 4.4 are valid. However, the degree of 
influence of the differential on the operational properties of the car depends 
significantly on the blocking coefficient

Min−Mwith

Min+Mwith

Mr,
M0

Kδ= = (7.1)

whereMr– moment of friction (friction losses),

M0– the torque applied to the differential;
Mwith,Min– moments on the leading edge (the wheel skids) and the 

lagging edge drive shafts, and for a symmetrical differential
you-

M
2

M0 M− r
2 2

M= 0 Mr

2in + andMwith= (7.2)

Kδvaries from0 atMr= 0 to 1 atMr=M0. Often used

use another expression:Kδ′ = M
M

in, thenKδ′ changes from1 to∞. Value
with

Kδ for differentials: 0.05÷0.15 – conical unblocked; 0.4÷0.5 – fist; 0.4÷
0.5 – wormy; 0.3÷0.6 - increased friction.
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Fuel efficiency. When driving when turning a car 4x2
Minωin+Mwithωwith

M0ω0
ωwith−ωinK

ω δ
0

K
Rnηd= =1− =1− δ , (7.3)1

2
−

B
whereRn– turning radius (on the outer non-steerable wheel),
IN- track

Ifn=10 andKδ=0.1, thenηd=0.99, and without a differential due to the
R
B

ω ω
wheel alignmentη kz− into=1− to=0.895, that is, losses will be higher by 9.5%.

ωto0

For cars with all drive axles, in straight-line driving on the highway, if 
the front axle is engaged through the differential, fuel savings will be 
3-6% compared to turning off this axle and 5-8% compared to locked 
drive.

Traction properties and passability. If in equation (7.1) we replace the 
torques with the traction forces maximum in terms of traction (we assume for 
the lagging wheelϕmax, for a running-in wheel, –ϕmin), then

ϕmax−ϕmin.
ϕmax+ϕmin

Kδ= (7.4)

The use of locked differentials significantly increases the passability and traction 
properties of the car on off-road and with a significant difference in the coupling 
coefficients of the driving wheels.

Stability and controllability. If when braking with the wheel brakes with the 
engine not disconnected, there will be different braking forces on the left and 
right wheels, then the differential helps to maintain the lateral stability of the 
car, reducing the difference in braking forces on the left and right wheels. When 
braking sharply on a slippery road with the parking brake mechanism installed 
between the engine and the differential, it is possible to brake the differential 
housing until the car stops. At the same time (a=1,ω3= 0) from the equation
babysitter (4.10)ω1= −ω2, that is, the drive wheels will rotate in different directions
wounds, which will lead to a loss of transverse stability. The locked drive of 
the front and rear wheels worsens controllability, increasing the turning 
radius and leading the front wheels. Inter-wheel and inter-axle differentials 
improve handling.

7.4 Design and calculation of the differential

The design and calculation of the differential consists in choosing its type 
and structural scheme depending on the technical and operational qualities and 
purpose of the car.

On modern cars, simple conical differentials, the method of calculation of 
which is considered below, have become the most common.
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The calculation of the conical differential should begin with the selection of 
its geometric parameters. The number of satellite teeth is recommended to be 
equalZ=10, 11, 12; for a semi-axial gearZ = 14, 16, 18, 20, 22. The angle ofc n

gripa= 20°; 20º30 .́
The working height of the tooth ish0= 1.6⋅m, full -n h=1,788⋅m. n

The normal (end) modulus can be approximately determined from the 
dependence

mn(s)= 3Memax⋅i 0, (7.5)
whereMemax – maximum torque, kg∙m;
i0is the gear ratio of the main gear.
Width of toothed crownb=(0.25-0.3)Z, mm, whereZis the length of the generator 

dividing cone.
mn⋅Zn,

2⋅sonϕn
Z= (7.6)

whereϕn– half of the angle at the apex of the semi-axial gear. His majesty on 
can be determined by dependence

Zn.
Zc

tgϕn= (7.7)

Half of the angle at the top of the satellite gearϕc=90 -ϕn. 
Differential gear teeth are checked for bending stress

3(1+k⋅Mσ= there aremax⋅ikI⋅i⋅ηt,δ) 0 (7.8)
m2n⋅Zn⋅q⋅Z⋅ (1−λ3)⋅π⋅y

whereq– the number of satellites;

kδis the blocking factor for a simple conical differential
kδ=0.05...0.15;

η– transmission efficiency.

Allowable stresses are[σ]=500...700 MPa for gears
t

from steels 18KHGT, 15KHGNTA, 40Kh.
The end surface of the satellites is checked for crumpling stresses

4⋅Qσ= c , (7.9)
π⋅ (d21−d 2 )

whereQc– axial force,Qc=Pc⋅tga⋅sonϕ; c

d- the diameter of the spike of the cross (Fig.7.3);
d– external diameter of the end washer of the satellite;1

Pis the total circumferential force applied to one satellite.

Pc=
c

Memax⋅ikI⋅i0⋅ηAND,
(7.10)

q⋅rWed

whererWedis the average radius of the satellite according to the dividing cone.
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d1

d

Figure 7.3 – Calculation scheme of differential satellites

The crosshead spike is also checked for crumpling stresses
Pc,
d⋅lσCr= (7.11)

wherelis the length of the supporting surface of the satellite.

The spike of the cross is checked according to the direction of the cut

4⋅Memax⋅ikI⋅i0⋅ηAND.
π⋅q⋅r⋅ϕ⋅d2

τWed= (7.12)

The crumpling working stresses obtained according to dependencies (7.9) and 
(7.11) should not exceed 70...80 MPa (700...800 kg/cm2), and according to dependence 
(7.12) – 100 MPa (1000 kg/cm2).

The splines of the semi-axial gears are checked for shearing and crumpling.

Questions for self-control

1. What is a differential and what is it for?
2. What are the requirements for differentials and what constructive solutions

are they provided?
3. How are differentials classified and on which cars are they used?

are they
4. Why is conical symmetry widespread on cars?

differential?
5. What role does friction play in the differential?
6. How is a conical differential designed and calculated?
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DRIVE OF THE DRIVE WHEELS

The driving wheels are driven through the half-axles of the driving axles and 
with the help of cardan gears.

Transmission shafts that connect the differential with the wheels of the 
car's drive axle are called half-axles. They serve to transmit engine torque 
from the differential to the drive wheels.

Metal beams with wheels are called car bridges. Bridges are used to 
install wheels and support the supporting system of the car (frame, body). 
Bridges perceive vertical, longitudinal and transverse forces acting on the 
wheels when the car is moving.

The driver is the bridge with the driving wheels, to which the torque 
from the engine is supplied. On cars, the driving axles can be only the 
front axle, only the rear axle, as well as the middle and rear axles or all 
axles at the same time. Rear drive axles on off-road vehicles with a 4×2 
wheel formula, intended for use on paved roads and dry dirt roads, 
have become the most common.

A steerable bridge is a bridge with driven steerable wheels, to which 
the torque of the engine is not supplied. The front axles are steerable 
on most cars.

A bridge with driving and controlled wheels at the same time is 
called combined. Combined axles are used as front axles in front-wheel-
drive passenger cars with limited cross-country ability, in all-wheel-drive 
cars with increased cross-country ability, and on high-cross-country cars 
intended for operation in difficult road conditions.

A bridge with driven non-steerable wheels is called a supporting 
one. Support bridges were most widely used on trailers and semi-
trailers. They are also used on multi-axle trucks and as rear axles on 
front-wheel drive cars.

The drive of the driving wheels with the help of cardan gears is used 
to transfer the engine torque to the driving wheels when using 
combined bridges.

8.1 Requirements for drive wheels

In addition to the general requirements for the design of the car, the following 
special requirements are put forward for the half-axles and drive shafts:

1. Provide torque transmission to the drive wheels of the car
mobile without pulsation when they rotate with different angular velocities;
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2. Perform the functions of a fuse in case of excessive dynamic loads
changes in the drive wheel drive mechanism system.

Other requirements for cardan drives are given in section 5. Special 
requirements for vehicle axles are as follows:
1. Have a minimum mass, the smallest overall dimensions, high rigidity

bone;
2. To ensure stable installation angles of controlled wheels and axles

their rotation (pivots).

8.2 Classification of drive wheels

1. Drive (actuator) with semi-axes (for non-separated and non-controlled bridges):
unloaded, semi-unloaded, 3/4 unloaded, the latter are rarely used.

2. Cardan gear drive (with independent suspension or with steering
them wheels - is considered in section 5. Cardan transmission).

8.3 Working process of drive wheels (half axles)

Unloaded axles transmit only torque. However, with significant 
deflections of the bridge beam and technological uncertainty, significant 
bending stresses are possible. Maximum loads on semi-unloaded half-
axles (Fig. 8.1) can occur in the following cases:

1. At maximum traction force (during acceleration)
m G2ϕ,Zp=Z

2
m

Xp=Xe.g=2p
2pG2

e.g= − Gto,Yp=Yp=0;
2 p (8.1)

2. During sharp braking
m GXlg=X=2Mr2ϕ,Z m2MrG2

Mr −Gto,Ylg=YMr= 0; (8.2)2 lg=Zpg= 2 p

3. Skidding

Hlz≈Hpz≈0,Z G
lz ≠Z nz = 2 --1± 2Hϕ-

- -G,
2 - B- to

(8.3)
ϕG2-

2
2Hϕ-

BYlz≠Ypz= -1±
-

-.
-

Plus signs when drifting to the left – for the left wheel (Fig. 8.1), when drifting to the 
right – for the right wheel;

4. In the event of impact while moving over bumps
G
2Xln= Xmon≤ XorX,Zln=Zmon=2kdpr−Gto,Yln=Ymon=0,p Mr (8.4)

where the dynamism coefficientkdpr=1.7 for asphalt; 2.2 – for a dirt 
road; 4.2 - for off-road [1]. In equations (8.1)-(8.3) we take
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ϕ=0.8÷1,m2p=1,2÷1.4 for cars and 1.1÷1.2 for trucks, respectivelym2Mr=0.8
÷0.85 and 0.9÷0.95.

R
b m2G2

H
rto Hl Yl Hn

Zl Z Yn Pp Pt
B p

Figure 8.1 – Loads acting on semi-unloaded axles
driving wheels

Moments from acting forces:
MCr=X⋅rto,MX=X⋅b,MZ=Z⋅b,MY=Y⋅rto. (8.5)

Total bending moments:
Mwith=b X2+Z2during acceleration and braking;

andMevil=Ylrto−Zlb
(Yl>Yp,Zl>Zp).

Mfrom=Ynrto+Znb at drift to the left

ByMCrandMwithcalculate the total stresses - equation (2.8) from
with a safety margin of 2-2.5. However, the main calculation method for half-axes is 
the fatigue strength calculation (see clause 2.2.2).

The layout scheme with all-wheel drive improves the traction effort 
of cars, SUVs and trucks on wet and slippery road surfaces and uneven 
terrain.

In cars with permanent four-wheel drive and torque distribution 
equally between the driving axles, a conical differential or a planetary 
mechanism is used. The torque distribution is changed using automatic 
or controlled high-friction differentials.

All-wheel drive control (with rigid drive on the front and rear axles, 
viscous coupling or transfer box) includes locking the differential in the 
main gear and the transfer box (which has a reduction gear for driving 
on steep slopes, at low speeds and for transmitting high torques).

A viscous clutch (a sealed multi-disc mechanism with a highly 
viscous organosilicon fluid) is another means of activating the all-wheel 
drive. As soon as the limit traction force on the permanently connected 
bridge is exceeded, the coupling, reacting to the increase
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slippage, begins to transmit the torque to the second driving bridge.

checkpoint

Viscous coupling

checkpoint

Front
differential

distribution
box

Interaxial
differential Front

differential
distribution
box

Posterior

differential
Posterior

differential
Viscous
clutch

Figure 8.2 – Schemes of all-wheel drive with a viscous coupling

On more modern cars, they began to use additional locking of the 
differential in the transfer box, which is carried out in accordance with the 
intelligently controlled functioning of the brakes.

Self-locking differentials, in which a device that prevents the relative 
rotation of the driven links operates automatically, are gradually being 
replaced by electronic systems, for example, the traction control system 
(TCS). Such a system slows wheel spin by applying the brakes while 
power continues to be transmitted from the transmission to the braked 
wheel.

8.4 Strength calculations

Semi-unloaded and fully unloaded half-axles are most common on 
modern cars. As a rule, half-unloaded half-axles of the flange type are 
used in the designs of most passenger car models.

Fully unloaded axles are widely used in the driving axles of trucks. 
Semi-axles unloaded by 3/4 are not widely used in the automotive 
industry nowadays, so the method of their calculation is not considered.

The calculation schemes of semi-unloaded and fully unloaded semi-axles 
are shown in fig. 8.3.
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Figure 8.3 – Calculation schemes of semi-unloaded and fully unloaded

drawn semi-axis

The semi-unloaded half-axle is calculated according to three main 
design load modes:

1) at the maximum value of the tangential force in the contact co-
G

forests with a roadx2=Z2⋅ϕ, at the same timey2=0;Z=

2) at the limit value of the lateral force

2;
2 2

y2=Z2⋅ϕ1, at the same time

G
2x2= 0;Z=2;ϕ1=1.0;

3) at the maximum value of the vertical dynamic load
2

G
sionZ=K⋅2, at the same timex=ϕ2 to 2. Coefficient dynamism ( )K2
is taken equal to 1.75 for cars and buses and 2.5 for trucks.

For the first calculation mode, the half-axis is checked for stresses from 
the joint action of bending and torsion.

The bending moment, which is the same for both semi-axes, is determined by 
dependence

Mwith= b⋅xclass2+Z2l 2=b⋅ x2kp+Z2p,2 (8.6)
wherex2l(p)– tangential forces on the left (right) semi-axes

m⋅Gx=x=2 2l p ⋅ϕ,
22 2 (8.7)
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Z2l(p)– vertical reactions in contact between the wheels and the support surface for li- of the left 

and right hemispheres

m⋅G2−gto,
2

Z2l=Z2p=2 (8.8)

wherem2is the redistribution coefficient of normal reactions, taken as
by him 1.2;

gto– the weight of the drive wheel in folded form, taken as an estimate
by analogy with the prototype.

A torque acts on the semi-axis
Mto=xclass⋅rto=xkp⋅rto. (8.9)

The equivalent moment acting on each of the semi-axes is determined by 
dependence

Me=b2(x2 2) 2
class+Z2l+xclass⋅rto

2 = b(xkp+Z2p) +xkp⋅r22 2 2
to (8.10)

Equivalent stress in the dangerous cross-section of a shaft (semi-axle) of round 
cross-section

Me ,
0.1⋅d3

σe= (8.11)

wheredis the diameter of the semi-axis in the calculated section.

The permissible equivalent stresses of the semi-axes are 400...500 MPa 
(4000...5000 kg/cm2).

The strength of the half-axes according to the second calculation mode is 
checked by bending stresses. Since joint actions of verticalZ2l(n)and lateral
Y2l(n)reactions cause unequal bending moments in the semi-axes, then
mean a greater bending moment for one of the semi-axes (in the given case – 
the left one). The total bending moment from the action of vertical and 
tangential forces is equal to

(Y2l⋅rto+Zσ= 2l⋅b)
n , (8.12)

0.1⋅d3

G
2

-Zl= 2 2⋅h⋅g⋅ϕto- - ,B -2 ⋅ -1 +
-

(8.13)

(8.14)G2

2
-⋅ -1 +

2⋅h⋅g⋅ϕ- - ⋅ϕ.in2l= - B -
It is worth accepting in calculationsϕ= 1.0, and the height of the center of gravity of the car

lahand track widthBchoose by prototype. Work stress is not must 
exceed 400...500 MPa (4000...5000 kg/cm2).

In the calculations according to the third calculation mode, it is considered that the half-axis 
works on the bending deformation under the action of the bending moment

G2⋅K⋅b.
2

Mwith= (8.15)

The bending stress in the dangerous section is determined by dependence
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1
0.2⋅d3

σwith= ⋅ G2⋅K⋅b. (8.16)

The calculation of a fully unloaded semi-axis is based on the maximum 
torque, the value of which is equal to

GMCr=Z2⋅ϕ⋅rto=2⋅m2⋅ϕ⋅rto. (8.17)2
The torsional tangential stresses during transmission of the maximum torque 

by the semi-axis are equal
G2⋅m2⋅ϕ⋅rto.

0.4⋅d3
τCr = (8.18)

The maximum tangential stresses in the semi-axes should not exceed 600 
MPa (6000 kg/cm2).

In addition to the above, half-axes are subject to calculation for stiffness 
based on the twist angle when transmitting the maximum torque

180Memax⋅ikI⋅i⋅l θ= ⋅ ,0 (8.19)
π 2⋅G⋅Ip

wherel– the working length of the semi-axis;

G– modulus of elasticity of the second kindG=80000 MPa (800000 kg/cm2);
Ipis the polar moment of inertia of the cross-section of the semi-axis.

The working values   of the twisting angles of the semi-axes should be 
within 10-13° per one meter of length.

Questions for self-control

1. What are the methods of ensuring the driving of the drive wheels of automobiles?
la?

2. What are car half-axles, what are they?
3. What are car bridges, what are they for?
4. Name the main requirements for driving the driving wheels.
5. How are drive wheels classified?
6. How to prevent breakdowns of the main gear and the drive differential

the bridge?
7. Explain the working process of drive wheels.
8. How is the calculation of the drive of the drive wheels of a car

the strength of the mobile phone?
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9 PENDANT

The suspension ensures an elastic connection of the frame or body with the wheels, 
softening the shocks and impacts that occur when the wheels hit bumps, transferring all 
the forces and moments between the wheels and the frame.

9.1 Requirements for suspensions

1. Ensuring the smoothness of the stroke (mainly determined by the value
static deflection).

2. Ensuring the movement of the car on uneven roads without impact
limiter (mainly determined by the amount of dynamic deflection).

3. Ensuring effective damping of body vibrations.
4. Prevention of tilting of the body during acceleration, braking, and turns.
5. Alignment with steering kinematics.
6. Transmission to the body or frame of forces and reactive moments from

wheel

9.2 Classification of pendants

Usually, the classification of suspensions is considered depending on the type of 
direct, elastic and extinguishing devices that make up the suspension.

1. By type of guiding device:
a) independent (lever, telescopic, combined) suspension with wheel 

movement in the longitudinal plane (with transverse levers); in the 
transverse plane (with longitudinal levers); in both planes; along the 
straight line (candle-telescopic suspension); combined (lever-telescopic 
suspension);

b) dependent for the wheels of a given axle - with a rigid beam between the left 
and right wheels (bridge beam or additional transverse beam) without reactive rods 
or with them;

c) dependent for the wheels of different axles (blocked), and the wheels of 
each axle can have dependent or independent suspension. Leveling levers-
balancers are usually used to connect the wheels of adjacent axles, such 
suspensions are called balancers.

2. According to the type of the main elastic element in the elastic 
device: a) metal (leaf spring, twisted spring, torsion);
b) non-metallic (rubber, pneumatic, hydraulic); c) 
combined homogeneous (spring-spring, hydraulic) or 
heterogeneous;

pneumatic
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d) without an elastic element (rigid attachment to the frame of the wheel axis or 
bridge beam, or balancer axis).

3. According to the type of extinguishing device with 
friction: a) only in the spring and hinges;
b) only in shock absorbers;
c) in shock absorbers and other elements, for example, in springs.

9.3 Structural diagrams and structural elements of suspensions

The ability to limit vertical movements of the body and reduce angular 
oscillations around the transverse and longitudinal axes depends on the 
geometry of the suspension and its stiffness (Table 9.1). An important role in the 
oscillation process is played by structural elements (Table 9.2), which make up 
the suspension.

9.4 Working process of the suspension

The suspension provides vertical transmissionZ, longitudinalHand transverse
Yforces acting on the wheel from the road and their moments. In the main this 
function is performed by the guiding device. It also determines the kinematics of 
body and wheel movements. The elastic device provides a reduction in dynamic 
loads caused mainly by the action of forceZ. The presence of an elastic device 
causes vibrations of the body and wheels. Damping of oscillations is provided by 
a damping device.

The advantages of dependent suspension are simplicity of design and low cost. The 
advantages of an independent suspension are better than with a dependent 

suspension, adaptability to bumps, less weight of direct parts and greater static 
deflection - better smoothness of the ride.

The advantages of the balancer suspension are half the displacement of the body 
when one wheel is moved relative to the other; for some schemes – the equality of 
vertical forces during acceleration and braking.

9.4.1 Types of oscillations
Such characteristics as depreciation and damping of the suspension 

are mainly related to the vertical oscillations of the car. Driving comfort 
(loads felt by passengers and cargo) and operational safety of the car 
(distribution of forces in relation to the road surface) are largely 
determined by the characteristics of the suspension. The comfort of the 
vehicle is mainly determined by the smoothness of body oscillation. Axis 
oscillations largely determine the safety of driving a car. Both types of 
oscillations are characterized by the ratio of frequencies and amplitudes.

In the table 9.3 shows the influence of various characteristics on the two-mass 
model (templet).
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Table 9.3 – Influence of structural characteristics on the vertical 
oscillations of the car

Influence on your own

frequency of oscillations

body
Constructive
characteristics

Effect on frequency
intermediate link

Effect on natural frequency
axis oscillations

Body data
Resilience Significant on com-

control fort
by car

Average on com-
control fort
by car

Insignificant for the safety 
of driving a car

Less elasticity Increase in frequency and amplitude, 
lower degree of comfort

Increased frequency, slight 
decrease in amplitude

Great elasticity Reduced frequency and maximum 
amplitude, increased level of 
comfort

Slight increase in amplitude 
at low excitation 
frequencies

Decrement Significant for the comfort of 
driving a car

Significant for changes in the 
dynamic load on the wheel

It must be correctly selected for the given application conditions
more (more
shock absorber
torus);

less (less
shock absorber
torus)

Reduction of
acceleration

Increase in
the roots

Increasing acceleration, 
reducing changes in the 
dynamic load on the wheel

An increase in
acceleration

Reduction of
the roots

A slight decrease in 
acceleration, increased 
changes in the dynamic 
load on the wheel

Mass Insignificant on the amplification factor for changing the load 
on the wheel; the gain factor for acceleration decreases with 
increasing load (an empty car is less comfortable than a 
loaded car and not as safe)

Tire and wheel data

Elasticity
(with increased
degree of elasticity
hundred tires)

The natural frequency and amplitude 
remain virtually constant

The reduction of the natural frequency 
and amplitude due to the acceleration 
of the body and changes in the load on 
the wheel are approximately 
proportional to the decrease in the 
vertical stiffness of the tire

Decrement Frequency and amplitude are not 
affected by bus damping

Tighter damping is the 
result of a slight decrease 
in amplitude during body 
acceleration and changes 
in wheel load

As a result of the heating, the damping of the tire must be kept to 
a minimum in order to provide a significant level of elasticity for a 
non-rigid tire

Wheel mass The reduced weight of the wheel actually 
does not affect driving comfort

The minimum weight of the wheel 
increases the level of traffic safety

Angular oscillation around the transverse axis is associated with the rotation 
around the transverse axis of the car during acceleration of the car from a state of
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who The kinematic characteristics of the suspension are selected in such a way as to 
minimize angular fluctuations during acceleration and braking.

Angular sway relative to the longitudinal axis is associated with the 
rotation of the car around the longitudinal axis, which usually passes 
through the lower front and upper rear parts of the car; oscillation 
about the longitudinal axis occurs in response to steering actuation. 
Transverse stability stabilizers on the front and rear axles reduce this 
effect.

9.4.2 Guide suspension device
The kinematic characteristic of the suspension, that is, the dependence of movements

x,yand tilt angles , wheels (Fig. 9.1, b) from the vertical trans-k k a,k βk γ k

displacementZ are obtained by graphic constructions or analytical developmentk

by Hunks In fig. 9.1, the following characteristics are given for a single-lever independent 
suspension according to the scheme (Fig. 9.1, a) withϕ= 60°iR=0.5rk[3]. With this-

of the example, you can get individual cases:
a) atϕ= 0 wheel movements will be only in the transverse plane,

moreoverxk=γk=ak=0;
b) the same with a lever parallelogram suspension will give

xk=γk=ak=βk=0;
c) when replacing a parallelogram with a trapezoidxk=γk=ak=0, βk≈0,

yk≈0.

yk

Rand) in) 200�k

x = 0k

0.10 �k
100

�k 0.05

- 0.5 - 0.25 0.25 Zk
R

Z yk

R
- 0.05

b) �k - 100

- 0.10

y
x

Figure 9.1 – Single-lever independent suspension
and its kinematic characteristics
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It is desirable that when moving the wheels verticallyxk,γk,ak,βk, yk

were minimal, especially for the drive wheels. For example,xk≠0
sometimes distorts the kinematics of the steering drive,βk≠0 contributes to the 
appearance of noise and increased tire wear,ak≠0 worsens wheel stabilization,γk≠0

changes the trajectory of the car.
Longitudinal roll depends on the intensity of braking or acceleration, the height of the 

center of gravity and the base of the car, as well as on the elastic characteristics of the 
suspension and the type of guide device.

Transverse roll of the body affects the smoothness of the ride, stability, 
controllability, and tire wear. Roll angle

Mβ
β= , (9.1)

Cβ1+Cβ2

whereMβ=Ghk.p(µ+β) is the moment causing body roll;
hk.p– roll shoulder – distance from the point of lateral force application (wind

or centrifugal force) to the roll axis, and the roll axis is a straight line connecting the 
roll centers of the front and rear suspensions;

y
G

µ≈ – specific lateral force;

G– weight of spring-loaded parts;
Cβ1iCβ2– combined angular stiffnesses of the elastic elements of the front and

rear suspension.
Heighththe roll center of the suspension is determined by:
– for dependent suspension – a point slightly below the axes of the lugs

spring;
- for suspensions of a candle or with the movement of the wheel in the longitudinal plane -

no - a point lying on the road (h=0);
- for a single-lever suspension with transverse arms - a point that

lies at the intersection of the lines drawn through the axis of rotation of the lever and the point of 
contact of the tire with the road;

- for two-lever suspensions - a point that lies at the intersection of the lines,
conducted through the instantaneous center of rotationOl orO(rice.9.2, a) and pointp

contact of the tire with the road.
Angular stiffness of the suspension

Cβ≈2Cpd2 p, (9.2)
whereCp– vertical stiffness of the suspension,

2dp– spring track (Fig.9.2, b).
From fig. 9.2, b:Mβ−(Zrl1−Zrp1)⋅dp1−MCM=0. Neglecting the elasticity of the tire and 

taking into account the moment MSM=WITH stabilizer
µGhCr

WITHβ1+WITHβ2−GhCr

tβSM ⋅ β and

Zrl1=Zrp1= 0.5WITHpd , we will get Cβ =WITH
2

1 p1β 1 p1dp1+CSMandβ= .

107



and) b)
there are

1 � Ga y
WITHp � ZplMSM

Ol 2 Op Zpp

J OO

2 dp

Figure 9.2 – Calculation scheme of the suspension

The transverse stability stabilizer reduces roll by 20-40%. It is 
considered permissibleβ= 6÷7° withµ=0.4.

Diagrams of forces acting on parts of suspensions are presented in fig. 9.3. For the 

dependent suspension according to fig. 9.3, and:

l2
l1+

l1RZ=Z , R tgα,RX
1 l

Z2=Z , RX=RZ = X−RX.
2 l1+ l2 2 2 1 2

In addition, these forces, as in the following diagrams, create moments. For the 
independent suspension of the non-driving wheels according to fig. 9.3, b:

m
a+b

t+s
t

Rzn=Z,Rxb=RXH=Z andPAve=Z .

r−b
a+bIn addition, when braking RTV=Rt
k r+b

ta+b
andPso on=R k . Reactions

sRx1=Rxb,Rx2=Rxn,RZ2=Z.
t

For the balancing suspension according to fig. 9.3, in car 6x2 with
Zsymmetrical springs: 3=
Z2

a
b

lp±2dγ3, whereγ,γ3– specific longitudinal lp-
2dγ2⋅ 2

power of the second and third axes; the upper sign is for braking, the lower one 
is for acceleration. With sharp brakingZcomes out in2-3 times more thanZ.3 2

That is why they use auto-locking of the balancer, which turns on when 
braking.

For the pendant according to fig. 9.3, g of the MAZ car, the reactive moments 
perceive the upper rods and the balancer, thereforeZ2=Z3and when braking and at
dispersal
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Figure 9.3 – Schemes of forces acting on parts of suspensions
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γiZi(rk−m)
m+nFor the pendant according to fig. 9.3, d – ZIL, KrAZ, Urals:Ri= ,

-(r+n)(0.5c-e)
Ti=γiZi-- m+n

k e- , wherewith- the distance between the lower bars,there are– c--±

displacement of the upper rod from the longitudinal plane. Load on the 
frameZ2+Z3transmitted through one point.

9.4.3 Elastic suspension device
The elastic device is evaluated by the elastic characteristic of the suspension 

(Fig. 9.4, a). The estimated value is the conditional static deflection
M0g

fp= =gω,2c (9.3)
2Cp

whereM0g– weight of spring-loaded parts,

2Cp=tgα– suspension stiffness,
ωcis the natural frequency of oscillations of the spring-loaded parts.

and) b)
Z (3…4) M0g

1
Mg 2

3(3...4)M0g
MgM0g

f1 4
fg M0g

AND AND AND
fdays fdays ftwo

fp ftwo fp

Figure 9.4 – Elastic characteristic of the suspension

The shaded area corresponds to the potential energy received by the 
suspension when hitting the surface. The larger it is, the lower the probability of 
hitting the limiter when driving on an uneven road. To maintain sufficient 
dynamic capacity at lowϕtwothe necessary nonlinear elastic characteristic
Ristic withZmax=(3÷4)Munit. If the weight of the spring-loaded parts changes
when moving with and without a load, then it is desirable that the elastic characteristic 
consists of a family of curves with the samefpandftwo, (Fig.9.4, b). This is mo-

easily with pneumatic and hydraulic elastic elements. Non-linearity
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can be obtained with metal main and additional elastic elements. Radial 
stiffness of tiresWITH6-12 times higher than the spring stiffnesssh

element (2-3 times for cars 4x4 and 6x6).
Static deflection (due to hardness) significantly affects the smoothness of the 

stroke. Reducing stiffness reduces the amplitude of body and wheel movements 
at low-frequency resonance, shifting it to lower frequencies, where the 
probability of resonance is lower.

Metal elastic elements. Leaf springs (bow springs) often perform the functions of all 
three suspension devices. Disadvantages: short durability, inter-sheet friction, which 
impairs smoothness of movement, large dimensions and weight. Potential

Aenergy per unit volume,Aquestion= 1
6

G2

E
= ⋅ for a leaf spring in

V
1τ2

4G
4 times smaller atσ=τ, than for spring and torsion, in whichAquestion=⋅ (from-

E
Gwear modules of elasticity ≈2,6).

Deformations of a leaf spring, twisted spring, torsion.
l3 1−ε2( )2 8nD3, fn=Ppd4G 32l

πdmG
fp=δPe

p48EI0
, fm =M p , (9.4)4

n
whereδ= 1.25÷1.5 – deformation coefficient;
le=l−l0– the effective length of the spring (full length minus the distance 

between the stirrups);
l2−lε= 1– coefficient of asymmetry(l1+l2=l);l

b
12

I0= ∑h3– the total moment of inertia of the spring in the middle section;i

THERE ARE=2,2⋅105MPa;

nandD– the number of turns and the diameter of the spring;

dn,dm–wire and torsion diameters;
G=8.5⋅104MPa;
lis the length of torsion bar without slotted ends.
The force loading the main spring before the additional spring starts 

to act:P0=c1f0, wherec1– stiffness of the main spring. When both work
springPp=P0+(c1+c2)(f−f0),wheref– full deflection of the main spring,c2–
stiffness of the additional spring. So

P+c
f=p

2f0.
c1c2

(9.5)

Non-metallic elastic elements. In Ukraine, double rubber cylinders (Fig. 
9.5, a) are used for pneumatic suspensionsD= 0.3 and 0.25 m, on
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loading Pmax= 1.5 and 2 t, pressure during static deflection
2– effective planningpc=0.25÷0.5 MPa. For the balloonP=pFef, whereFef=πRef

yesp– excess pressure, which changes with a dynamic load change it goes 
like this:

p=pc+0.1)-V-c-k - -0.1,( (9.6)
-V-

whereVcandV– the total volume of the cylinder and the additional tank in the static

name and settlement provisions,
k=1.3÷1.35is the polytropy index. The 
stiffness of the balloon

dP
df

p+0.1
V

dFef,
df

c= =k F2ef + p (9.7)

where the first term characterizes the influence of the volume, the second – the shape of the ball

on.
In hydropneumatic suspensions, the pressure (up to 20 MPa) of gas1(rice.9.5, b) 

transmitted from the liquid3through a separate piston2. The stiffness of such an element 
that does not have back pressure from below on the piston4, can be determined from

dFef=0 andp+0.1≈p.equation (9.7), considering
df

and) b)
1

Qin) d)
D P

respand andPmax
2
3
4 and

in
VmsmaxV"n VnV'a

compression

Vnomax

Ref Q

Figure 9.5 – Elements of hydropneumatic suspensions, characteristics and
shock absorber installation diagram

9.4.4 Shock absorbers
Telescopic shock absorbers (shock absorbers) convert vibrations of the 

body and suspension into heat. They are attached to the body and axle with 
the help of elastic elements to reduce noise.
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Single-tube shock absorbers
Advantages: easily adapted to different suspension designs, as the 

large diameter of the piston allows for low operating pressures. There 
is enough space for valves and channels. The heat is dissipated directly 
through the outer part of the cylinder. Can be installed in any position.

Disadvantages: long length. The outer side of the cylinder, which serves as a 
guide for the movement of the piston, is subjected to deformations from flying 
stones, etc. p.

The structural scheme of the suspension should provide sufficient 
space for moving the moving part of the shock absorber without 
mechanical obstacles. The piston rod seal is subject to damping pressure.

Two-pipe shock absorbers
Atmospheric or low pressure damping devices. Advantages: 
insensitive to external damage. Unlike single-tube shock absorbers, 

mechanical means can be used on the outer surface of the cylinder to 
ensure the laying of pipelines in limited areas of the body. They have a 
short length, because the compensation chamber is located around the 
working cylinder.

Disadvantages: sensitive to overload (damping failures). Only a 
certain position is possible when installing on a car.

Damping characteristics
The characteristics obtained as a result of damping in the hole and in 

the spring-loaded valve that closes it are shown in Fig. 9.5, c and 9.6. The 
spring reacts to the pressure by increasing the outlet opening. The 
diameter of the piston and the spring can be specially selected to 
approximate the linear dependence of the damping characteristics. An 
internal adjustment mechanism can be used to obtain several 
characteristics for one shock absorber. Compression force values   are 
often only 30...50% of the reverse stroke values.

3
2
1

Damping speed

1- comfortable;2– standard;3- sporty

Figure 9.6 – Characteristics of shock absorbers (return modes)
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Electronically controlled shock absorbers (active adjustment to 
operating conditions) are used to increase driving comfort and safe 
driving of the vehicle.

A semi-active type of control is often used, in which the shock 
absorber is adjusted in accordance with the speed of the car.

Characteristics of the shock absorberP=f(Vn) is usually nonlinear, but its mo-
should be approximated by two straight lines for the initial and valve sections

′
(Fig. 9.5, c) with resistance forcesPH=kHVm n iPK=PH′ +kK(Vn−Vn′)m, wherek–
drag coefficient;mis an exponent, usually1≤m≤3;Vn–fast-
piston bone.

Area under the curveP=f(Vn) gives the dissipated power. Having determined
Ncfor compression stroke andNinbreak-off stroke, can be found for conditional amortization

2N2

V2
congestion with a linear characteristic of the average valuekcpc= c and

n.cmax

2N2

V2

k
kcpo= 0 , and is also equivalent tny drag coefficient ke =cpc+k cpo. Then

nomax 2
drag coefficient reduced to the wheel:

kP=kei2 amcos2γAm, (9.8)
b
awhereiAm= andγAm – gear ratio and shock absorber setting angle

(Fig. 9.5, d).
The main estimated parameters of the shock absorber:

a) coefficient of aperiodicity (affects fluctuations)

kP,
MK

a = (9.9)

whereM– weight of spring-loaded 
parts, c – suspension stiffness; usually
b) maximum force during compression and rebound, moreoverPmaxc≤Pmaxo;

a=0.2÷0.4;

c) critical piston speedsVn′ andVn"fig.9.5, c.
The thermal calculation of the shock absorber is usually carried out atVnnear

0.3 mc-1(boundaries of initial plots). The heat absorbed by the amortization
(P+Pafter)V t

rumQ=
2⋅427

PC nkcal Heat transfer equationAm

Qsee=a⋅S(t°Ammax−t°district)⋅t, (9.10)

-D
whereS=π D 1

1--2
-+ l- – the outer surface of the shock absorber,
-
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t°Ammax– permissible temperature of the outer surface (120-130°С)
shock absorber during operationt=1 hour;

t°district– air temperature;
a=50÷70 kcal/m2⋅ °C is the heat transfer coefficient.

9.4.5 Controlled suspension systems
Adjusting the suspension consists in changing its characteristics and 

parameters when the weight of the transported cargo or road conditions (load 
equalization system) changes. It is carried out in pneumatic and hydropneumatic 
suspensions, where automatic body position regulators and suspension stiffness 
regulators are used [1].

Partially loaded systems(rice.9.7, 9.8) The use of non-rigid springs 
leads to an increase in the compression of the car suspension under 

load. In order to maintain the height of the car body at an acceptable 
level, auxiliary pneumatic or hydropneumatic springs are used.

The system may also include electronic load balancing control units 
acting on solenoid valves.

1

2
3
4

5

1 – air fitting; 2 – steel spring;
3 – additional pneumatic spring; 4 – gas chamber; 5 - shock absorber

Figure 9.7 – Air suspension with load equalization

Advantages of the electronic system:
- reduced energy consumption due to the elimination of intermediate cycles during

braking, acceleration and when driving on turns;
− the response of the system to an increase in the speed of the car changes

changing the height of the suspension to save fuel;
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- increasing the height of the suspension when driving on road surfaces of
fourth and fifth categories; increased stability of movement in turns, which is 
achieved by transverse blocking of suspension elements on one axis.

1

2
3 4

5

8 6
7

1 – liquid supply; 2 – steel spring; 3 – battery; 4 – gas chamber;
5 – rubber diaphragm; 6 – liquid; 7 – hose; 8 – shock absorber

Figure 9.8 – Hydropneumatic load leveling system

Additional advantages for heavy-duty trucks:

changing the height of the suspension for replacing bodies and 
containers; the height of the vehicle can be adjusted, for example, to 
align the load-bearing surface with the loading platform; control of the 
lifting axle: the lifting axle is automatically lowered when the maximum 
load on the axle is exceeded; the lifting axle is raised for a short time 
(2...3 minutes) in order to increase the load on the drive axle (increase 
the compression force).

Fully loaded suspension systems
The elastic action is provided by a gas element of the suspension, 

which does not have spiral springs. One or both axles of the vehicle can be 
steered.

If it is necessary to control all axles, the system must have an 
electronic control unit with a special control program that takes into 
account factors such as changes in axle load to prevent the vehicle from 
tilting or tipping over, and at the same time recognize system errors.

Open system
Advantages: relatively simple design and management.
Disadvantages: high output power of the compressor, necessary for 

short periods of time of active control; the need to ensure air drying; 
noise during intake and exhaust periods.
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and– open system;b– closed system;1 – filter; 2 – compressor;
3 – dryer; 4 – solenoid valve; 5 – pneumatic shock absorber;

6 – non-return valve; 7 – pneumatic cylinder; 8 – pressure sensor in

Figure 9.9 - Load equalization system
(fully loaded system)

Closed system
Advantages: low output power of the compressor (minimum pressure 

drop between the accumulator and the suspension element), no dryer.
Disadvantages: relatively complex construction.
Pneumatic shock absorbers are much smaller in weight than hydropneumoshock 
absorbers.

9.4.6 Active suspension
In the active suspension (Fig. 9.10), the parameters of both elasticity and 

damping are controlled.

1 4 1 11

2 4 10
3 5 3

6 9 12
7 7 13

8
and) b) in)

a – hydraulic suspension; b – hy ropneumatic suspension;
c – pneumatic suspension; 1 – car body; 2 – wheel load sensor;

3 – the sensor moves n ; 4 – battery; – line from the pump; 6 – servo valve;
7 – hydraulic cylinder; 8 – acceleration sensor; 9 – damper;

10 – p dividing valve; 11 – receiver; 12 – compressor; 13 – solenoid valve

d

n I 5

lake

Figure 9.10 – Active suspension
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Structures containing a hydraulic cylinder
With the help of an external source, energy is generated for 

accelerated adjustments of the hydraulic cylinder, sensors provide 
communication between the cylinder and the car body. Sensors of 
wheel load, displacement and acceleration transmit signals to the 
electronic control unit (ECU) within a few milliseconds.

The control system allows you to achieve a constant load on the 
wheel while maintaining a constant average height of the car. Steel 
springs or hydropneumatic suspension elements are used to support 
the static load on the wheel.

Constructions of hydropneumatic suspensions
Structural oscillations are regulated using the distribution of hydraulic fluid 

flows in the hydropneumatic suspension circuit. In order to reduce energy 
requirements, the system's action is limited to smoothing irregular low-
frequency oscillations; the gas accumulator is connected to the hydraulic 
cylinder and dampens oscillations of higher frequencies.

Designs of pneumatic suspensions
The movement of the body is controlled by adjusting the air supply to the 

pneumatic shock absorbers. Closed damper systems are limited to 
controlling low-frequency oscillations and oscillations from steering.

Since the system balances transverse forces, it allows the use of 
springs.

9.5 Strength calculations

Design loads. The calculation of the fatigue strength of a metal elastic element 
is carried out depending on the operating conditions, the calculation of the static 
strength is based on the towing weight, taking into account the coefficient of 
dynamismPp=GUniversitykd, moreoverkdis taken depending on the conditions

operation [1].
Materials. Leaf springs, stabilizers and springs are made from spring 

steels 50XHA, 65G, etc., torsion bars - from 45X-NMFA, 60C2A, 70C2A, 
hardness HRC 45-50. The details of the guide device are made of cast steel 
35L, 45L, forged steel 20, 30X, 40X, and stamped rough sheet steel 14G2, 
30T.

Calculations. A leaf spring is designed for bending (the root leaf with traction and 
braking forces taken into account), a coiled spring - for compression, a torsion spring - 
for torsion, and for full bending - with a knocked-down rubber buffer. Spring fingers - 
for bending and crumpling, levers of the guide device - for bending with compression 
taken into account.
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A load that acts on a pneumatic spring suspension device and causes a 
change in the effective areaFefand effective radiusRefpneumoba-
womb

Pb=ppFef=ppπRef,
wherepp– air pressure in the pneumatic cylinder.

When changing the dynamic load of the air pressure in the pneumatic cylinder

(9.9)

-
+ 1)V+V-0

- k

p=pArtp ( res 1 (9.10)--Vb+V
- --

res-
wherepArt– air pressure in the cylinder under static load; V0

– cylinder volume under static load; Vres– the volume of 
the additional air tank;
Vb– cylinder volume at any load;
k=1.3 is the polytropy index at speeds corresponding to the natural 

frequency of oscillations of the sprung mass of the car.

Questions for self-control

1. What is the purpose of a car suspension?
2. Name the main requirements for pendants.
3. By what features are pendants classified?
4. What are the advantages and disadvantages of different types of suspensions?

5. Explain the working process of suspension.
6. What are the types of suspension vibrations?
7. Purpose and principle of operation of the suspension guide device.
8. What is an elastic suspension device?
9. What types of shock absorbers do you know and their advantages?

10. The principle of operation of controlled suspension systems.
11. Explain the principle of active suspension and its design

features
12. How is suspension strength calculated?
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